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and Design Effects on Thermal
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The Morton effect (ME) is a thermally induced vibration problem observed in a rotor sup-
ported by hydrodynamic bearings. The journal’s synchronous orbiting induces nonuniform
viscous heating on its circumference, and the ensuing thermal bow often causes unaccep-
table vibration levels in the rotor. This paper investigates the influence of the tilting pad
journal bearing (TPJB)’s pivot design on the severity and instability speed range of ME
vibration. Simulations are conducted with two different types of pivots: cylindrical (CYL)
and spherical (SPH), which produce different pad degrees-of-freedom and nonlinear
pivot stiffness due to their geometries. The friction between pad and pivot, which only
exists with the spherical pivot, is modeled, and its impact on the ME is evaluated. The
example rotor model, as obtained from the literature, is single overhung, with experimen-
tally measured excessive vibration and large journal temperature differentials, near
8000 rpm. The bearing and journal are modeled with three-dimensional (3D) finite ele-
ments, and the shaft with flexible beam elements for ME simulation. Nonlinear transient
simulations are carried out for a wide operating speed range with varying pivot design
parameters. Simulation results indicate that the predicted ME instability is sensitive to
the pivot shape, pivot flexibility, and pad-pivot friction. [DOI: 10.1115/1.4050427]

Keywords: bearings, fluid film lubrication, friction, hydrodynamic lubrication, journal
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1 Introduction
Many Morton effect (ME) instability cases have been reported in

the past decade due to increased requirements for high operating
speed and power in turbomachinery [1,2]. ME instability is
mostly observed in overhung rotors equipped with fluid film bear-
ings. Asymmetric oil viscous heating induces hot (highest tempera-
ture region in journal circumference) and cold spots (lowest
temperature region in journal circumference) around the journal cir-
cumference. This temperature differential bends the rotor, produc-
ing increased inertial excitation in the system, and subsequently
increased orbit size of the journal. This again develops more asym-
metric journal heating for certain operating conditions. This cycle of
asymmetric journal heating, thermal bow, and rotor vibration may
form a positive feedback loop, which leads to spirally diverging
or limit cycle vibration, and often stoppage of the machinery [1,3,4].
In 1993, Keogh and Morton [5] investigated journal differential

heating with a theoretical model assuming steady, synchronous
journal orbiting. The thermal bow amplitude of the shaft was pre-
dicted with a novel ME, rotor dynamic system model, that incorpo-
rated time-varying shaft bending and heat transfer [6]. de Jongh and
Morton [3] analyzed a compressor with an overhung mass at its
nondrive end (NDE) side, that experienced a high vibration level
caused by the ME. The vibration was alleviated by changing the
overhung mass at the NDE side. de Jongh and Van Der Hoeven
[4] experimentally verified the ME instability in an overhung
rotor exhibiting a high vibration level with substantial journal dif-
ferential heating. A reduction in bearing clearance and applying a
heat barrier sleeve between the journal and bearing suppressed
the ME vibration. Lee and Palazzolo [7] used a Reynolds equation
with variable viscosity, two-dimensional energy equation, and heat
transfer models to predict the ME. Suh and Palazzolo [8,9] per-
formed extensive parametric studies with a higher fidelity ME

model, utilizing three-dimensional (3D) energy equation heat trans-
fer representation. The 3D thermo-hydrodynamic tilting pad journal
bearing (TPJB) model utilized an equivalent mass imbalance to
represent the thermal bow. Tong et al. [10] improved modeling
fidelity by replacing the equivalent imbalance with a thermal bow
model and including full 3D finite element method (FEM) models
of the journal film and bearing. They also investigated the ME
vibration in a double overhung rotor [11,12] and carried out exten-
sive parametric studies with varying parameters of bearing clear-
ance, oil viscosity, overhung mass, supply oil temperature, etc.
The ME vibration in a gas-lubricated bearing was studied by the
same authors [13]. A tilting pad gas bearing was developed based
on 3D FEM, and the ME-induced spiral vibration similar to the oil-
lubricated bearing was observed. They also experimentally verified
the accuracy of the ME prediction model in the test rig where asym-
metric journal heating was measured with 20 resistance temperature
detector (RTD) sensors [14]. The measured temperature differen-
tials were compared with both high-fidelity and simplified ME
models and demonstrated the better prediction accuracy of the high-
fidelity model. Shin and Palazzolo [15] investigated the effect of
journal misalignment on the ME vibration. The same authors [16]
used a squeeze film damper to suppress the ME-induced vibration
problem. Simplified approaches to model and analyze the ME insta-
bility have been developed in Refs. [17–21]. Childs and Saha [17]
developed an approximate algorithm for Morton effect prediction
by calculating the shaft thermal gradient using temperature distribu-
tions from forward and backward whirl orbits. Murphy and Lorenz
[18] presented an approximate Morton effect prediction method
using the linear relationships among imbalance, vibration, and
journal temperature. Kellenberger [19] suggested an analytical
method to investigate the thermal bow vibration problem by consid-
ering the heat input to the shaft from rotor-stator rub. The method
determines system stability by considering the ratio between heat
input into the shaft and heat output from the shaft. Kirk et al. [20]
developed an unbalance threshold approach for Morton effect anal-
ysis. This method uses the resultant imbalance (sum of mechanical
and thermal imbalances) to determine the instability caused by the
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Morton effect. Eckert and Schmied [21] suggested a method using
hot spot stability to investigate Morton effect by adopting the hot
spot model in Ref. [19].
Suh and Choi [22] conducted a dynamic performance com-

parison between the spherical (SPH) and cylindrical (CYL) pivots
with a misaligned journal. The tilt, rolling, and yaw motions of a
SPH pivot type were included, while the CYL pivot type only
allowed the tilt motion due to its pivot geometry. The SPH
pivot showed invariant bearing performance independent of the
level of misalignment. Transient simulations of thermo-elastic-
hydrodynamic TPJB have been researched by Gadangi et al. [23].
The dynamic characteristics of a TPJB are sensitive to its pivot

design. The pivot acts as an elastic spring between the pad and
housing and may significantly affect bearing characteristics such
as lubricant film thickness, eccentricity ratio, damping, etc. A
rigid pivot assumption is often used for simplicity, but this may
result in a significant error in the bearing performance prediction.
Prior studies [24–28] indicate the importance of considering pivot
flexibility for accurate prediction of TPJB static and dynamic char-
acteristics. The TPJB’s nonlinear pivot stiffness was derived based
on the Hertzian contact theory in Refs. [29,30], and its influence on
dynamic coefficients was investigated in Ref. [31]. Shi et al. [32]
investigated the effect of nonlinear pivot stiffness on the dynamic
response of a Jeffcott rotor model. The nonlinear pivot significantly
affected the predicted orbit size of the rotor, lubricant film thickness,
and film pressure. The level of the influence varied with the ampli-
tudes of static and dynamic applied loads.
Pad-pivot friction occurs in the SPH pivot type TPJB, where the

pad slides over the pivot surface in response to journal motion.
Pad-pivot friction has been the subject of many experimental and
numerical studies. Wygant et al. [33,34] measured the dynamic
coefficients of TPJBs with SPH pivots. The journal equilibrium
position trajectory versus speed showed curved loci along with sig-
nificant attitude angles, which confirms the existence of cross-
coupled stiffness and damping due to pad-pivot friction. Pettinato
and De Choudhury [35,36] measured the power loss, pad tempera-
tures, and the equilibrium position of two TPJBs with different
pivot types. Equilibrium positions with moderate attitude angles
were identified for the SPH pivot TPJB, while negligible attitude
angles were observed in the CYL pivot. Sabnavis [37] tested the
SPH pivot TPJB, and their results showed that cross-coupled

stiffness and damping are present especially at low operating
speeds and loads but reduce with increasing speed. Kim and Kim
[38] established a mathematical model for pad-pivot friction and
conducted numerical simulations, verifying that pivot friction sig-
nificantly affects the pressure distribution and film thickness, and
induced rotor instability. He [39] adopted a conformal contact
model for the prediction of pivot-pad friction. Nonsynchronous
pad vibration was induced by pivot friction, and the effect of
pivot radius was investigated. Kim and Palazzolo [40] performed
a nonlinear dynamic study of a SPH pivot TPJB, considering the
pad-pivot friction effect. A Stribeck friction model [41] was used
to include pad angular velocity-dependent, pivot friction coeffi-
cients (FC). Numerous nonlinear phenomena such as Hopf bifurca-
tion, limit cycles, and nonsynchronous vibration appeared with both
autonomous and nonautonomous conditions.
The effect of pivot friction on ME instability has not yet been

thoroughly investigated. Although the effect of different pivot
geometries was considered in Refs. [9,22], the pivots were friction-
less. The analyses were also limited to the TPJB’s static performance
under misaligned journal conditions [22] and ME vibration using
only linear pivot stiffness at a single operating speed [9]. The
impact of pad-pivot friction under dynamic loading conditions
was investigated in Refs. [38–40]. However, theMEwas not consid-
ered, and their Jeffcott rotor model included only TPJB tilting
motion, while SPH pivots allow both tilting and rolling motions.
The present study considers the influence of pad-pivot design and
friction on ME vibration, using more detailed models of pivots
including nonlinear pivot stiffness, SPH pivot’s rolling motion,
and pad-pivot friction. An improved cooling effect of a SPH pivot
compared with the CYL pivot is demonstrated. A time-varying,
nonlinear pivot stiffness based on Hertzian contact theory is used,
and its effect on ME is shown over a wide operating speed range.

2 Rotor-Bearing Modeling
2.1 Pad-Pivot Design. Both CYL and SPH type TPJB pivots

are illustrated in Fig. 1. The former has a cylinder-shaped pivot
on the backside of a pad. The CYL type only allows tilting
motion, since the diameter of the pivot in the axial direction (pad
rolling direction) is usually much larger than the one in the radial

Fig. 1 Models of a (a) CYL type pad-pivot and (b) SPH type pad-pivot
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direction, Meanwhile, since the SPH pivot has identical pivot diam-
eters in both axial and radial directions, this pivot type enables both
rolling and yawing motions, as well as tilting.
The nonlinear pivot stiffness is obtained from the Hertzian

contact theory for each pivot type and used in the following simula-
tions. From Refs. [29,30], the nonlinear pivot stiffness of the CYL
type is expressed as

KCYL =
ELPIVπ

2(1 − ν2)
2
3
+ ln (

0.87ELPIV (DH − DP)
FP

)

( ) (1)

where E and ν represent Young’s modulus and Poisson’s ratio of the
pivot, respectively, and FP is load applied on a pivot. The CYL
pivot’s axial length, housing diameter, and pivot diameter are
LPIV, DH, and DP, respectively. The nonlinear pivot stiffness of
the SPH pivot [29,30] is expressed as

KSPH = 1.442

������
FPC1

C2
2

3

√
, C1 =

DPHDP

DPH − DP
,

C2 =
1 − ν2P
Ep

+
1 − ν2PH
EPH

(2)

where FP is load applied on a pivot, and D, ν, and E represent the
diameter of pads and housing, Young’s modulus, and Poisson’s
ratio, respectively. The subscripts P and PH represent the pivot
and pivot housing, respectively.
Sliding friction occurs in the SPH pivot since the pad slides on

the pivot as shown in Fig. 2. The mathematical model of pad-pivot
friction developed in Ref. [38] is used in the current analysis. The
friction force FFR is determined by the product of the normal load
applied on the pivot and the friction coefficient between two
contact surfaces. The friction moment, MFR, is the product of the
pivot radius and the friction force, resists pad motion and is
applied to each pad. Friction moments applied to the pads are sepa-
rated into two categories, i.e. (1) sliding pad and (2) stuck pad

MFR = −
δ̇

|δ̇| |μFRRPWpad| if δ̇ ≠ 0

MFR =
−MP if |MP| < |μFRRPWpad|

−
MP

|MP| |μFRRPWpad| if |MP| ≥ |μFRRPWpad|

⎧⎨
⎩

(3)

where δ̇ is the angular velocity of the tilting or rolling motion of the
pads, μFR, RP, andWpad denote the friction coefficient, pivot radius,
and load applied on the pad, respectively.MP is an applied moment
on the pad by the lubricant film pressure.
The friction moment is determined by multiplying the friction

force (FFR= μFRWpad) and the pivot radius (RP), with its direction
opposite to the pad motion, for the pad sliding case. If the pad is

stuck, the friction exerts the moment with the same magnitude
applied on the pad by the lubricant (MP) up to the sliding value
μFRRPWpad. The direction of the friction moment is opposite to
the external moment applied by the film on the pad. The angular
velocity δ̇ can represent either tilting or rolling motion of the pad.
Unlike prior work, which accounted only for the friction applied
to pad tilting motion, the friction moment in both tilting and roll
motions is included, while the friction due to yawing motion is
assumed negligible. The friction moment during sliding is directed
opposite to the resultant angular velocity of the pad. Note that a
properly designed spherical pivot of a tilting pad bearing should
not cause sliding friction between the pivot and housing;
however, this does occur in practice. In fact, a pad may even
become locked if the curvatures of the pivot and housing are not
properly designed.

2.2 Reynolds and Energy Equations. Figure 3 shows the
journal and a pad, where OJ and OB are the centers of the journal
and the bearing, respectively, and θ an θP denote the circumferential
coordinate and angular position of the pivot, respectively.
The equation for lubricant film thickness in the case of the SPH

pivot TPJB is

h(θ, z) = CP − êx cos (θ) − êy sin (θ) − (CP − Cb) cos (θ − θP)

− δtiltR sin (θ − θP) − hshaft · TE(θ, z) − hpad · TE(h, z) (4)

where

êx = ex − ypvt cos θp − zαrolling cos θp − zβyaw cos (θp + π/2),

êy = ey − ypvt sin θp − zαrolling sin θp − zβyaw sin (θp + π/2)

CP and Cb represent the pad and bearing clearances, respectively,
ypvt, δtilt, αrolling, and βyaw denote the pivot displacement and
tilting, rolling, and yaw motions, respectively, and R, hshaft · TE,
and hpad · TE are the journal radius, an thermal expansion of shaft,
and pads, respectively.
The thermal expansion is obtained from 3D structural FEM as

detailed in Refs. [8–10]. In the case of the CYL pivot, the terms
related to rolling and yawing motions (αrolling and βyaw) in Eq. (4)
are set to be zero. For the rigid pivot case, the pivot displacement
ypvt is also removed from the equation.
The generalized Reynolds and 3D energy equations are used to

obtain the lubricant film force, including effects of variable viscos-
ity. The Reynolds equation for an incompressible, Newtonian fluid,
and negligible fluid inertia is

∇ · (C1∇P) + ∇D2 · U + ∂h/∂t = 0

Fig. 2 Friction force between pad and pivot (DP = 2RP) Fig. 3 Journal and pad locations and coordinates
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C1 =
∫h
0

∫z
0
(ξ/μ)dξdz − C2

∫h
0
(ξ/μ)dξ

C2 =
∫h
0

∫z
0
(1/μ)dξdz/

∫h
0
(1/μ)dξ

(5)

where h is lubricant film thickness, μ is a variable viscosity term
dependent on lubricant temperature.
The viscosity–temperature relation is applied by

μ = μ0 exp
−α(T−T0) (6)

where μ0, T0, and α are reference viscosity/temperature and viscos-
ity coefficient, respectively, and T is the lubricant film temperatures
obtained from 3D energy equation.
Film temperatures are obtained by solving the 3D energy

equation

ρc u
∂T
∂x

+w
∂T
∂z

( )
= k

∂2T
∂x2

+
∂2T
∂y2

+
∂2T
∂z2

( )
+ μ

(
∂u
∂y

)2

+

(
∂w
∂y

)2
⎡
⎣

⎤
⎦

(7)

where ρ, c, k, and μ are density, heat capacity, thermal conductivity,
and lubricant film viscosity, respectively.
The temporal term is omitted from (7) since past studies demon-

strated that its effects are negligible for thin film bearing applica-
tion. The lubricant velocities in the circumferential direction (u)
and axial direction (w) are obtained from the Reynolds Eq. (5).
The Reynolds equation and energy equations are solved with the
FEM, using 2D triangle elements for the former and 3D isopara-
metric hexahedron elements for the latter. A quadratic up-winding
scheme [42] is applied for the FEM solution of the energy equation,
to avoid spatial oscillations from the convection term in Eq. (7).

2.3 TPJB and Flexible Shaft Dynamics. The dynamic equa-
tions of the SPH pivot TPJB considering nonlinear pivot stiffness
and pad-pivot friction are

mPiÿPVi = −KSPHiyPVi + FPi

ITiδ̈Ti =MTi +MFRi,T

IRiα̈Ri =MRi +MFRi,R

IYiβ̈Yi =MYi +MFRi,Y

(8)

where i represents the pad number, and mPi, ITi, IRi, and IYi are the
pad mass and pad inertia of tilting/rolling/yawing degrees of
freedom, respectively.
The corresponding coordinates related to pad mass and inertia

(yPVi, δTi, αRi, and βYi) are illustrated in Fig. 1. The nonlinear

pivot stiffness of the SPH pivot is KSPHi and is calculated from
Eq. (2). The stiffness value is time-varying since it is a function
of the time-varying lubricant force applied on each pad (FPi). The
pad-pivot friction moments, MFRi, are applied to the relevant
motions and axes. The friction moment for the yawing motion is
assumed negligible and set to zero in the simulation. For the CYL
pivot type, the degrees of freedom corresponding to rolling and
yawing motions are removed, and the nonlinear pivot stiffness,
KSPHi, is replaced with KCYLi in Eq. (1). This equation is combined
with the Euler beam-flexible rotor model. The beam model is
reduced with modal reduction and is combined with the tilting
pad journal bearing equations in Eq. (8). A detailed explanation
of this procedure is provided in Refs. [8,11]. Algorithms for
solving the coupled, nonlinear ME equations are also provided in
Refs. [8,11]. A procedure is presented for solving the coupled Rey-
nolds, energy and thermal and dynamic structural equations of the
rotor, and the TPJB. This utilizes a time-staggered, numerical inte-
gration algorithm to account for the large difference between
thermal and vibration time constants in the transient ME.

3 Example
Figure 4 shows the rotor and bearing configurations used for the

example ME simulation. A linear ball bearing and a nonlinear TPJB
bearing are located at nodes 4 and 12, respectively, and an initial
mechanical imbalance is located at the NDE overhung mass, node
18, in Fig. 4(a).
The total number of nodes in the shaft FEM model is 20. The

stiffness and damping values of the linear ball bearing at node 4,
and the magnitude of the mechanical imbalance are shown in
Table 1. The TPJB with five pads and load-on-pad configuration
is illustrated in Fig. 4(b). Parameters such as shaft diameter, lubri-
cant properties, and TPJB design parameters are listed in Table 1.
Design parameters for the two different pivot types, i.e., CYL and
SPH pivots, used in the simulations are also provided in the table.
The detailed rotor dimensions are provided in Table 2. The mechan-
ical imbalance is attached at node 18, and the nonlinear TPJB force
is applied at node 12.

3.1 Linear Analysis. Linear rotor dynamic unbalance
response is first obtained based on bearing stiffness and damping
coefficients, and pivot stiffness evaluated at journal equilibrium
positions. The static load of 2170 N is applied to the TPJB
bearing for both linear and nonlinear analyses. Results are presented
at the TPJB (node 12) and rotor NDE end (overhung side, node 18)
in Figs. 5(a) and 5(b). Linear unbalance indicates that both pivot
types show almost identical vibration levels when a rigid pivot stiff-
ness assumption is made. Pivot stiffness is shown in Figs. 5(c) and
5(d ) with respect to operating speeds.

Fig. 4 Rotor and bearing configurations for the example model
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The critical speed of the rotor with nonlinear SPH pivots occurs
at a lower speed around 6800 rpm, compared with the rigid SPH
pivot case that shows the critical speed at 7800 rpm. The critical
speed shift is more pronounced with the SPH pivots than the
CYL pivots (7800 rpm →7500 rpm). This result is consistent with
the results in Ref. [25], where the rigid pivot assumption signifi-
cantly overpredicts the bearing’s direct stiffness values and critical
speeds.
The vibration levels at the TPJB in Fig. 5(a) increases compared

with the rigid pivot case, while the vibration amplitude at the over-
hung location in Fig. 5(b) decreases significantly, when the nonlin-
ear pivot is included. These results indicate that the nonlinear pivot
stiffness changes the critical speed and also modifies the mode
shape. Figures 5(c) and 5(d ) show the stiffness of both pivot
types versus speed. The stiffness of the SPH pivot (Fig. 5(c))
shows relatively low values ranging from 3.25 × 108 N/m to 4.5 ×
108 N/m across the speed range while the CYL pivot (Fig. 5(d ))
indicates higher pivot stiffness up to 1.7 × 109 N/m. The relatively
softer pivot values with the SPH pivot explains the lower critical
speed than the CYL pivot. The differences in pivot stiffness
values for two pivot types is attributed to their geometries, and

the trend is similar to the results in Ref. [25]. The eccentricity
ratios of the journal with different pivot types are presented in
Figs. 5(e) and 5( f ). As expected, higher journal eccentricities are
predicted with the softer pivot types, i.e., higher eccentricity
ratios with the nonlinear SPH than with the nonlinear CYL type.

3.2 Effect of Rigid Pivot Geometry on Morton Effect. Non-
linear ME simulations were conducted for different pivot designs
and speeds. The Morton effect simulation with pivot friction
effect encountered numerical errors when solved with a fourth–
fifth-order Runge–Kutta solver with variable time-step. The numer-
ical error was resolved by using a Runge–Kutta algorithm with a
small fixed time-step of 1e-6. The accuracy of the fixed time
method was also verified by comparing its results without friction
with the results from the variable time-step method.
Figure 6 compares ME response quantities, between rigid CYL

and rigid SPH pivot models. Rubbing between the rotor and
bearing pads are assumed to occur when the minimum film thick-
ness is less than 5% of the nominal pad clearance. Modeling of
the rub condition response is beyond the scope of the present
paper, since the machine would be tripped out of service under
these conditions in an actual application. Therefore, the simulation
stops when the minimum film thickness drops below 5%. Figure 6
shows nonlinear transient simulation results at 8600 rpm for both
CYL and SPH rigid pivot types. Spiral vibration characteristic of
the ME, are seen to occur in the 1× polar plot with slowly time-
varying phase angle and amplitude at the journal location. The
phase angle is referenced to each rotation cycle starting at coinci-
dence of the initial mechanical imbalance with a fixed reference
direction. The phase angle for the SPH pivot case changes continu-
ously during the 30 min simulation time in Fig. 6(a), while the CYL
case simulation is truncated when rubbing occurs at 4 min 32 s.
Figure 6(c) shows the time response for journal ΔT, defined as

the difference between the maximum and minimum temperatures
around the journal circumference. The high ΔT oscillations
between 13 °C and 23 °C coincide with high vibration amplitude
oscillations in Fig. 6(a), which is attributed to thermally induced
shaft bow excitation. Rubbing was only observed with the CYL
pivot case, although both pivot types have the same bearing stiff-
ness, damping, and unbalance response in Fig. 5. This result is
due to the pad rolling motion of the SPH pivot which provides an
increased film thickness ratio, as compared with the CYL pivot.
Thermal bow induces an asymmetric film distribution in the jour-
nal’s axial direction, along with the circumferential direction. The

Table 1 Parameter values for the example system

Lubricant parameters Bearing parameters
Viscosity at 50 °C (Ns/m2) 0.0203 Pad type Load on pad
Viscosity coefficients (1/°C) 0.031 No. of pads 5
Supply temperature (°C) 50 Radius of shaft (m) 0.0508
Inlet pressure (Pa) 1.32 × 105 Bearing clearance (μm) 74.9
Reference temperature (°C) 50 Preload 0.5

Shaft parameters
Bearing length (m)

0.0508
Heat capacity (J/kg °C) 453.6

Thermal expansion coefficient (1/°C)
1.3 × 10−5

Heat conductivity (W/mK) 50
Reference temperature (°C)

25
Thermal expansion coefficient (1/°C) 1.22 × 10−5

Pivot radius (mm)
15

Reference temperature (°C) 25
Pivot friction coefficient

0.1∼0.4
Thermal rotor lengtha (m) 0.3508 Linear ball bearing

Kxx, Kyy (N/m)
1.7 × 108

Cxx, Cyy (Ns/m)
1.0 × 105

Cylindrical pivot parameters

Spherical pivot parameters
Pivot radius (mm) 20

Pivot radius (mm) 19.98
Pivot housing radius (mm) 62

Pivot housing radius (mm) 20
Length of cylindrical pivot (mm) 50.8

Elastic modulus of pivot (Pa) 2.1e11
Elastic modulus of pivot (Pa) 2.1e11

Poisson’s ratio of pivot 0.3
Poisson’s ratio of pivot 0.3

aLength of the 3D FEM rotor model used for calculating shaft temperature and thermal bow. Seven times the journal length [8].

Table 2 Dimensions of rotor beam model

Rotor element no. Element length (m) Element diameter

1 0.02667 0.197612
2 0.077724 0.113538
3 0.054356 0.082296
4 0.06858 0.082296
5 0.06858 0.082296
6 0.041148 0.122428
7 0.07112 0.357378
8 0.148844 0.122428
9 0.12446 0.184404
10 0.12446 0.184404
11 0.046736 0.1016
12 0.04318 0.1016
13 0.108712 0.093472
14 0.085344 0.082296
15 0.0127 0.11303
16 0.019304 0.456057
17 0.019304 0.456057
18 0.019304 0.3904488
19 0.03302 0.282448
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lubricant film thickness near the NDE side is smaller than the film
near the DE side due to the larger thermal bow at the NDE. The SPH
pivot’s rolling motions in Fig. 6(d ) compensates for the asymmetric
film distribution in the axial direction, and thus relieves the rotor rub
condition. Negative pad rolling angles occur in Fig. 6(d ) for all five
pads, due to the asymmetric pressure loading applied on the pads
along the axial direction, which in turn produces more symmetric
film thickness distributions. Fluctuations of pad rolling motions
follow the vibration, film thickness and journal ΔT fluctuations as
presented in Figs. 6(a), 6(b), and 6(c).
Figure 7 compares the journal temperature distributions for both

pivot types at 4 min and 32 s. The vertical axis in the figure corre-
sponds to the axial location of the journal in the shaft (from
0.8276 m to 0.8776 m). The temperature of the SPH pivot in
Fig. 7(a) shows relatively symmetrical temperature distribution
along the axial direction due to its rolling motion ability, while a
more asymmetric distribution appears for the CYL case in
Fig. 7(b), as the temperature of the NDE side is higher than the
DE side temperature. The asymmetric heating in Fig. 7(b) is
caused by the induced thermal bow effect which decreases the

film thickness at the NDE side more than the DE side. This
causes the CYL pivot system to be more prone to rotor rubbing
than the SPH pivot system.

3.3 Effect of Flexible Pivot Geometry on Morton Effect.
Figure 8 shows steady-state responses obtained from nonlinear tran-
sient integration, for both rigid and flexible pivot models, from
7000 rpm to 9500 rpm. Steady state here refers to 3 values: the
clearance when the journal diverges to a rub condition, the peak
value of a slowly varying, oscillatory vibration amplitude, or a
constant asymptotic value. The flexible nonlinear CYL pivot
shifts the ME instability speed range lower, similar with the linear
unbalance results (Fig. 5), where the peak vibration speed was
shifted lower when the rigid pivot is replaced with a flexible nonlin-
ear pivot. For the rigid CYL pivot case, increasing high vibration
appears between 8000 rpm and 9100 rpm. In contrast, increasing
high vibration occurs between 7800 to 8600 rpm for the nonlinear
pivot case. The unstable ME speed range is slightly reduced with
the nonlinear pivot stiffness, i.e., an instability speed rage of

Fig. 5 Linear unbalance responses with different pivot types and flexibility: (a) at TPJB bearing, (b) at
rotor NDE end, (c) equilibrium pivot stiffness of nonlinear SPH pivot case, (d ) equilibrium pivot stiffness
of nonlinear CYL pivot case, (e) eccentricity ratios of SPH type pivot (both rigid and nonlinear pivots),
and (f ) eccentricity ratios of CYL type pivot (both rigid and nonlinear pivots)
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1100 rpm for the rigid pivot case and 800 rpm for the nonlinear,
flexible pivot case.
Inspection of the cases in Fig. 8 suggests that the shift of the ME

speed range due to the flexible nonlinear pivot is more apparent in
the SPH pivot than the CYL one. This observation is consistent with
the corresponding critical speed changes in the linear unbalance
response in Fig. 5. There the critical speed shift is more significant
with the SPH pivot compared with the CYL pivot, due to the CYL
being stiffer than the SPH pivot.
Inspection of the pivot stiffness effects implies that the ME insta-

bility speed range is significantly affected by critical speed changes,
as suggested by the ME instability speed shifts with different pivot

stiffness values, and the corresponding critical speed changes.
However, the ME is not a strict resonance problem as demonstrated
by (1) many reported ME cases occurring distant from the rotor’s
critical speed and (2) ME vibration level at the speed closer to the
critical speed not being more severe than at a speed more remote
from the critical speed. For example, in Fig. 8(b), the vibration
level of the rigid CYL case at 8600 rpm is higher than at
7700 rpm, where the critical speed occurred in the linear analysis
in Fig. 5.
Figure 9 shows the journal temperature differential (ΔT ) versus

rpm and rotor axial location. Both SPH rigid pivot (Fig. 9(a)) and
SPH nonlinear flexible pivot (Fig. 9(b)) cases are shown. High

Fig. 6 Transient ME simulation at 8600 rpm for rigid pivots: (a) 1× vibration polar plot at journal location,
(b) minimum film thickness ratio of the TPJB, (c) pk-pk Journal ΔT, and (d ) pad rolling angular displacement
for the SPH case

Fig. 7 Journal temperature at 8600 rpm (4 min 32 s): (a) SPH pivot and (b) CYL pivot
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journal ΔTs occur from 8000 rpm to 9000 rpm for the rigid
pivot case, and between 7600 rpm to 7800 rpm for the nonlinear,
flexible pivot case. These ranges coincide with the high vibration
ranges in Fig. 8(a). The similar trends of ΔT and vibration indicate
that the thermal bow-related dynamic forces induced by the ΔT,
cause the large vibration. A smaller pk-pk journal ΔT (max18.4 °C)
is predicted for the nonlinear, flexible pivot compared with the
rigid pivot (max 23.5 °C), indicating that rigid pivot assumption
may overpredict the journal ΔT and thus vibration level in ME
analysis.
Transient simulations are conducted for different pivot cases in

Fig. 10. At 7700 rpm, the most severe vibration level appears
with the nonlinear SPH pivot with nonconverging spiral vibration
in Fig. 10(a). In Fig. 10(b), the high journal ΔT is also seen to
occur with fluctuating amplitudes for the identical case. Both
pivot types with rigid pivots show relatively small vibration and
ΔT at 7700 rpm compared with the nonlinear pivots. Meanwhile,
at 8600 rpm, the rigid pivot cases exhibit more violent vibration
and higher ΔT as shown in Figs. 10(c) and 10(d ). These results
are consistent with the steady-state results in Fig. 8 and confirms
that the shift of the ME instability speed range with different
pivot types.
Figure 11 shows the CYL and SPH pivot stiffness variation with

time, at the 7700 rpm condition of Figs. 10(a) and 10(b).The results
of only three pads are presented, since pads 4 and 5 have similar
variations as pads 2 and 3. The stiffness of the CYL pivot varies
from 1.55 × 109 N/m to 1.67 × 109 N/m, which is much larger
than the SPH case variation, ranging from 3 × 108 N/m to 4.5 ×
108 N/m in Fig. 11(b). The pivot stiffness variations mimic the
vibration and ΔT variations in Figs. 10(a) and 10(b). High vibration
occurs after 15 min for the nonlinear SPH pivot case shown in

Figs. 10(a) and 10(b). This increases the dynamic loading, which
increases the nonlinear pivot stiffness as shown in Fig. 11(b).
Figure 12 shows transient simulation results for both the rigid and

nonlinear SPH pivots at 7700 rpm. Figure 12(a) shows the vibration
level is relatively small for all rotor axial locations and converges
after 5 min for the rigid SPH pivot case. In contrast, the nonlinear
SPH case displays nonconverging vibration even after 10 min,
and especially severe vibration at the rotor’s NDE end. Bearing
mid-plane temperature distributions for both cases are also shown
in Fig. 12(b) at time equal 30 min. The journal of the rigid SPH
case shows a relatively concentric temperature distribution in
Fig. 12(a), while the nonlinear SPH case exhibits an asymmetric
temperature distribution in Fig. 12(b). The journal asymmetric tem-
perature distribution causes thermal bow, which may increase net
excitation level leading, to an excessive vibration level, as illus-
trated by Fig. 12(a).

3.4 Effect of Pivot Friction on Morton Effect. Although
experimental results [33–37] confirm that the presence of
pad-SPH pivot friction affects the static and dynamic performances
of SPH pivot TPJBs, this effect is commonly neglected in the tran-
sient simulation for simplicity. Parametric ME studies are per-
formed with varying SPH pivot, FC in the TPJB of the rotor
model in Fig. 4. The parametric studies were not performed with
CYL pivot TPJB since the contact is rolling and not sliding. The
friction coefficients of the Coulomb model vary between 0.1 and
0.4. A wide range of friction coefficients from 0.1 to 0.4 were
used in the simulations to present the impact of pivot friction
level on the Morton effect. Results with a Stribeck friction
model [40] were also obtained and the results show only minor

Fig. 8 Steady-state ME simulations with rigid and flexible pivots from 7000 rpm to 9500 rpm:
(a) pk-pk vibration amplitude at journal and (b) minimum film thickness ratio

Fig. 9 Steady-state ME simulations of pk-pk journal ΔT from 7000 rpm to 9500 rpm: (a) SPH type
with rigid pivot and (b) SPH type with flexible pivot
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difference with the Coulomb friction model results. Consequently,
only the Coulomb friction model is used in the following study.
The SPH pivot friction, TPJB model was validated by compari-

son of journal static eccentricity data with experimental results
[26], in Fig. 13. The simulation parameter values were identical

to those provided for the experimental rig in Ref. [26]. The
journal centerline locus was generated at the operating speed
of 6000 rpm with increasing bearing unit load from 0 kPa to
1896 kPa [26]. The friction coefficient between the pad and pivot
is set to 0.2 since it was unknown in the reference. The simulation

Fig. 10 Transient ME simulation at 7700 rpm and 8600 rpm: (a) 1× polar plot at 7700 rpm, (b) pk-pk
journal ΔT at 7700 rpm, (c) 1× polar plot at 8600 rpm, and (d ) pk-pk journal ΔT at 8600 rpm

Fig. 11 Pivot stiffness versus time at 7700 rpm: (a) CYL pivot and (b) SPH pivot
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results show that without friction the journal attitude angle is nearly
zero. This greatly differs with the test results showing a large atti-
tude angle. The predicted journal trajectory has close agreement
with test results when friction is included.
Figure 14 shows nonlinear steady-state vibration responses for

both the rigid and flexible pivots, considering pivot friction. The
rigid pivot case in Fig. 14(a) shows that pivot friction significantly
reduces the vibration amplitude and instability speed range of the
ME. The rotor vibration amplitude at 8600 rpm is suppressed
from 0.08052 mm for the no-friction case, to 0.04193 mm for the
FC 0.1 case. Further increasing the friction coefficient to FC 0.3
reduces the vibration level to 0.0244 mm.
Figure 14(a) shows for the rigid pivot case, the rotor vibration

amplitude with FC 0.4 slightly increases at 8700 rpm, compared
with FC 0.2 and 0.3, while similar vibration levels occur at the
other operating speeds, regardless of the FCs. Figure 14(b)
shows for the flexible, nonlinear pivot case, pivot friction also sup-
presses the rotor vibration in general, but its effect on the ME
vibration is not as evident as the rigid pivot case. The rigid
pivot results show significant vibration reductions due to friction,
both above and below the peak vibration speed (8600 rpm) of the
frictionless pivot model. The flexible, nonlinear pivot results show
significant vibration reductions due to friction, only below the
peak vibration speed (7700 rpm) of the frictionless pivot model.
The vibration actually slightly increases due to friction above
that speed. The FC 0.1 provides the greatest vibration decrease
for the flexible, nonlinear pivot case. The vibration level rises
with increasing friction coefficients, from 0.1 to 0.4, when the
speed exceeds the peak vibration speed (7700 rpm). The peak
vibration speed increases with increasing friction coefficients,
i.e., from 7800 rpm for FC 0.2 and 0.3, to 7900 rpm for FC 0.4.
This indicates that the rigid pivot assumption may overpredict
the pivot friction’s vibration suppression effect on the ME

vibration. An optimal friction coefficient may exist for the pad-
pivot friction, which best suppresses the rotor vibration, as demon-
strated in the nonlinear pivot case in Fig. 14(b).
Figure 15 shows ME transient simulation results for the rigid

pivot case of Fig. 14(a) at 8600 rpm. The spiral synchronous
response shape and the journal circumferential ΔT decrease with
FC 0.1, compared with the no-friction case, but do not converge.
Figure 15(b) shows decreased settling time for ΔT with pivot

Fig. 12 Transient ME simulation at 7700 rpm: (a) pk-pk vibration amplitude versus rotor axial position
and time and (b) temperature distribution at bearing mid-plane at t=30 min

Fig. 13 Comparison of journal center locus with experimental
results in Ref. [26]
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friction, compared with the no-friction case. The 1× polar plot spiral
shapes are further reduced and converge to equilibrium values with
FC 0.2 and 0.3. This demonstrates the stabilizing effect of pivot fric-
tion. The journal ΔT shows reduced amplitudes and converging tra-
jectories for FC 0.2 and 0.3 in Fig. 15(b). Further increasing the FC
to 0.4, increases the trajectory of spiral synchronous vibration and
ΔT, which eventually converge to values similar to the FC 0.2
and FC 0.3 cases. These results indicate the existence of an
optimal level of pivot friction which most effectively suppresses
the ME vibration.
Figure 16 shows the simulation results at 7700 rpm and

7900 rpm with the nonlinear pivot cases corresponding to
Fig. 14(b). The FC 0.1 case shows the smallest spiral vibration
in Fig. 16(a), and the shortest ΔT settling time in Fig. 16(b), at
7700 rpm. Increasing the friction coefficient up to 0.4 increases
the spiral vibrations and ΔT settling time. The ΔT is slightly
reduced with FC 0.2 and 0.3 but increases with FC 0.4. Con-
versely, the no-friction case has the most stable spiral vibration
and ΔT trajectories, at 7900 rpm. These increase with increasing
friction coefficients and are consistent with Fig. 14(b). The ΔT
reaches 9.5 °C and 7.8 °C after 40 min and is still increasing,
with FC 0.3 and 0.4. These transient simulation results confirm
that for the flexible, nonlinear pivot case, pivot friction reduces
the ME response below the maximum vibration speed, and
increases the ME response above that speed, as demonstrated in
Fig. 14(b).

Figure 17 illustrates the transient simulation results at 7900 rpm,
corresponding to the orbits of the rotor at 40 min in Fig. 17(a)
clearly confirm enlargement of the rotor orbits with increasing pad-
pivot friction, especially at the NDE overhung side (>0.8776 m).
This results from the increased thermal bow as shown in
Fig. 17(b). Note that the thermal bow amplitude

������������
x2bow + y2bow

√( )
is displayed at each node in the rotor model. The bow to the left
of the journal is nonzero but very small.
The bow amplitude at the NDE side (node 19) without pivot fric-

tion is 0.01135 mm, while the counterpart with FC 0.4 is about twice
that value, i.e., 0.02254 mm. Figures 17(c) and 17(d ) show the
phase lag between high and hot spots around the journal circumfer-
ence, and the bearing mid-plane temperature with FC 0.4 after
40 min, respectively. The no-friction case with relatively small
vibration in Fig. 16(c) shows a stable phase lag angle response
with time and converges to 8.3 deg at 40 min. The FC 0.4 case
has a larger vibration, shows more fluctuations, and diminishes to
the relatively small phase lag of 1.3 deg at 40 min. The high and
hot spots for the FC 0.4 case are shown in Fig. 17(d ). Both spots
are seen to be located around 190 deg away from the 0 deg location
(location of the initial mechanical imbalance) in the figure. An
asymmetric temperature distribution with a high circumferential
ΔT of 9.5 deg occurs with FC 0.4, while a relatively small ΔT of
4 deg occurs for the no-friction case (Fig. 16(d )). These results
confirm that at 7900 rpm the pivot friction induces more asymmetric
heating in the journal and increases the vibration level of the rotor.

Fig. 14 Steady-state ME simulations of journal pk-pk vibration amplitude versus speed and pivot fric-
tion coefficients for (a) SPH rigid pivot model and (b) SPH flexible pivot model

Fig. 15 Transient ME simulation of rigid pivot at 8600 rpm: (a) 1× polar plot and (b) pk-pk journal ΔT
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Fig. 16 Transient ME response for flexible, nonlinear pivot at 7700 rpm and 7900 rpm: (a) 1×
polar plot at 7700 rpm, (b) pk-pk journal ΔT at 7700 rpm, (c) 1× polar plot at 7900 rpm, and
(d ) pk-pk journal ΔT at 7900 rpm

Fig. 17 Transient simulation results at 7900 rpm after 40 min: (a) 3D orbits of rotor,
(b) thermal bow amplitude with different friction coefficients, (c) phase lag between hot and
high spots, and (d ) temperature distribution at bearing mid-plane of FC 0.4
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4 Conclusions
Nonlinear ME simulations are conducted to investigate the pivot

design influences on ME vibration utilizing solvers for the 3D FEM
Reynolds equation, 3D Energy equation, and Euler beam models.
Pivot design features such as the pivot type (CYL and SPH
pivots), pivot flexibility, and pad-pivot friction are included in the
TPJB models, and parametric studies are performed to investigate
their effect on ME vibration level and instability speed range. Con-
clusions include:

(1) Spherical pivot type increases the minimum film thickness
ratio compared with the CYL pivot and leads to a more sym-
metric temperature distribution in the axial direction due to
its rolling motion. The simulation results showed that the
asymmetric temperature distribution in the CYL pivot was
suppressed with the SPH pivot’s rolling motion. This charac-
teristic favorably works to avoid the rubbing effect in a SPH
pivot when the ME occurs.

(2) The nonlinear pivot stiffness of both CYL and SPH pivots is
derived based on Hertzian contact theory. It is shown that the
SPH pivots are stiffer than the CYL pivot due to its pivot
geometry. The nonlinear pivot stiffness lowers the critical
speed as demonstrated with a conventional rotor dynamic
linear analysis. The critical speed change was larger with a
spherical pivot type compared with the CYL pivot due to its
stiffer pivot.

(3) The shift of the critical speed also affects the ME instability
speed range and induced vibration amplitudes, as demon-
strated with nonlinear transient ME simulations, including
nonlinear pivot stiffness. The shift of the ME instability
speed to a lower speed range, results in less severe ME vibra-
tion and journal ΔT in general.

(4) The effect of pad-pivot friction in the SPH pivot shows dif-
ferent trends between the rigid and nonlinear pivot cases. The
effect of pivot friction on suppressing the ME is overpre-
dicted with the rigid pivot assumption, compared with
more realistic flexible, nonlinear pivots. The friction effect
significantly reduces the ME instability speed range and
vibration levels with the rigid pivot model. In contrast,
however, the flexible, nonlinear pivot results show that
pivot friction attenuates the vibration level below the speed
where maximum vibration occurs and amplifies the vibration
amplitude above that speed. In addition, with the flexible,
nonlinear pivot, the speed where the maximum vibration
level occurs is slightly shifted up with increasing friction.

(5) Vibration reduction due to the pad-pivot friction does not
vary monotonically with increasing friction coefficient, and
there exists an optimal value of pad-pivot friction coefficients
which effectively suppresses the ME vibration.

(6) To obtain a more accurate result for a given application, a
measurement of the pivot friction between the ball and
housing should be made and applied in the respective simu-
lation model.

Future works include a more sophisticated prediction method of
the friction coefficients between the pad and pivot using the finite
element method. The effect of the pad’s flexibility on the ME vibra-
tion will be also investigated. Experimental work to verify the
numerical results will be conducted.
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