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Test and Theory for Piezoelectric 
Actuator-Active Vibration Control 
of Rotating Machinery 
The application of piezoelectric actuators for active vibration control {A VC) of 
rotating machinery is examined. Theory is derived and the resulting predictions are 
shown to agree closely with results of tests performed on the air turbine driven-
overhung rotor. The test results show significant reduction in unbalance, transient, 
and subsynchronous responses. Results from a 30 hour endurance test support the 
A VC system reliability. Various aspects of the electromechanical stability of the 
control system are also discussed and illustrated. Finally, application of the A VC 
system to an actual jet engine is discussed. 

Introduction 

Significant efforts are being made to apply active vibration 
control (AVC) devices to rotating machinery in the 
petrochemical, aerospace, and power utility industries. Ad
vantages of AVC typically include adaptability to a myriad of 
load conditions, absence of lubrication systems with magnetic 
bearings, light weight, compactness, high or low temperature, 
etc. 

Electromagnetic shakers and magnetic bearings have been 
used for actuators in the majority of the active vibration con
trol research mentioned in the literature. Schweitzer (1985) 
and Ulbricht (1984) examined the stability and observability of 
rotor bearing systems with active vibration control, and 
presented an analysis which related force and stiffness to elec
trical and geometrical properties of electromagnetic bearings. 

Nikolajsen (1979) examined the application of magnetic 
dampers to a 3.2 meter simulated marine propulsion system. 
Gondholekar and Holmes (1984) suggested that elec
tromagnetic bearings be employed to shift critical speeds by 
altering the suspension stiffness. Wiese (1985) discussed pro
portional, integral, derivative (PID) control of rotor vibra
tions and illustrated how magnetic bearings could be used to 
balance a rotor by forcing it to spin about its inertial axis. 
Nonami (1986) presented theory for the active vibration con
trol of rotor unbalance response by prescribing modal damp
ing ratios. Humphris et al (1986) compared predicted and 
measured stiffness and damping coefficients for a magnetic 
journal bearing. Imlach et al (1988) presented a general design 
optimization scheme for selecting magnetic bearing design 
variables for particular applications. Kirk et al (1988) has 
discussed guidelines for achieving optimum rotor stability 
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with magnetic bearings. Numerous other references on 
magnetic bearing can be found in the conference proceedings 
from the two previous references. 

Several papers describe active vibration control utilizing 
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other types of actuators. Heinzmann (1980) employed 
loudspeaker coils linked to the shaft via ball bearings, to 
control vibrations. Feng (1986) developed an active vibration 
control scheme with actuator forces resulting from varying 
bearing oil pressure. 

This paper develops theory and shows test results cor
responding to incorporating piezoelectric pushers as actuator 
devices for active vibration control. The usual application for 
these devices is for obtaining minute position adjustments of 
lenses and mirrors in laser systems (Burleigh, 1986). In the 
proposed application the pushers force the squirrel cage-ball 
bearing supports of a rotating shaft. The paper presents active 
vibration control theory and test results for the piezoelectric 
pushers. The authors have previously presented some test 
results and an optimal control theory for piezoelectric pusher 
based AVC in Palazzolo et al (1988). The current paper ex
tends this work by assuming that the pushers can be soft 
mounted to the machine case to improve electro-mechanical 
stability. In addition the experimental work in the previous 
paper was limited to sub-critical unbalance response, whereas 
super-critical unbalance response, transient vibration, and 
unstable vibrations are all shown to be controllable in ex
periments discussed in the current paper. To the authors' 

Theory 

The piezoelectric pusher consists of a stack of piezoelectric 
ceramic discs which are arranged on top of one another and 
connected in parallel electrically. The stack expands in 
response to an applied voltage which causes the electric field to 
point in the direction of polarization for each disc. The exten
sion of the pusher depends on the number and thickness of the 
discs and their piezoelectric charge constants (^33). The force 
depends on the cross sectional area of the discs. Figure 1 
shows a sketch of a pusher and the corresponding ideal model. 
The model consists of a prescribed displacement (a) which is 
assumed to be proportional to the input voltage, a lumped 
mass mp which is constrained to move in the direction of the 
pusher, and a spring (KP) representing the stiffness of the 
stack of piezoelectric discs. The parameters KA, Ks, CA, and 
Cs represent stiffnesses and dampings of isolation pads used 
to softmount the pushers. The model utilized in the upcoming 
analysis neglects nonlinearities in the electrical and structural 
characteristics of the devices in the piezoelectric stack. 

If M pushers are forcing the rotor bearing system at its 
degrees of freedom j x , j 2 JM, the matrix differential 
equation for the entire system may be rearranged into the 
form; 

[M] : [0] 

[0] : [Mp] [Z„ 

[C] : [C"\ 

[C"]T : [C] J 

(Z) 

^ t Z p 1 j 

\K'\ : [K"] 

[K"v '•• m . 

' (Zj -

JZ„L 

= 

. [0] _ 

+ 

[-K"] : [-C] 

-[Kc] : [ - C J . 

j «n 

a) 

knowledge this represents a new application of piezoelectric 
actuators although there has been previous applications to the 
bending vibration of nonrotating beams using layered 
piezoelectric materials, i.e. Tzou (1987). 

where N and M are the number of degrees of freedom of the 
rotor and the number of piezoelectric pushers, respectively. 
Note that vector (Zj is TVx 1 and vector [ZP] is M x 1. The 
matrices in equation (1) are defined by 

N o m e n c l a t u r e 
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[Mp] (MxM) [diag(My)], j=\, . . . ,M 
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[CC\(MXM)= [diag(CCy)], j = \ , M 

\K< d(MxM) 

and 

= [diag(JS:c.)], j=\, ...,M 

« 2 

(9) 

(10) 

(11) 

Note that in these definitions '. . .' indicates the presence of 
zeros. The matrices [M], [C], and [K] are the mass, damping, 
and stiffness matrices of the rotor bearing system without the 
pushers installed, as defined in Palazzolo (1983). The matrix 
[MP] is the lumped mass matrix for the pushers. The Kc. and 
Cc. are the effective stiffness and damping between the 
pushers and the structure, which from Fig. 1 are 
Kc. = (\/Ksi+\/Kpi)-

1 and Cc. = (l/Csi + \/Cpl)-
1. The 

stiffness Kc. is inserted at the rotor degree of freedom which is 
in contact with the tip of the corresponding pusher. The KA. 
and CA. are the effective stiffness and damping between the 
pushers and the housing. The parameter a,- is the prescribed 
internal displacement of pusher /, which is assumed to vary 
linearly with input voltage. The "internal" displacement of 
the pusher is assumed to be approximately equal to the tip mo
tion if the tip is not in contact with any resisting medium (i.e., 
a free tip). 

The following portions of the paper present two AVC ap
proaches incorporating the piezoelectric pusher model. 

Part I: Active Damping Feedback Theory (ADFT) 

Let the feedback law be defined as; 

I (MX l) ' [G] (MxN) I I (Nxl) (12) 

(5) where 
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Jl 
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Substituting equation (12) and equation (13) into equation (1), 
gives the closed loop equation of the system; 
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Fig. 3 Frequency response function of amplifier/driver for a piezoelec
tric pusher 
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15) Fig. 4 Diagram of test rig with piezoelectric pushers 

^ ™ " * 

(16) 

J\ 

J\ 

(KclGn + CC,) 

Ji 

(Kc2G22 + CC2) . 

(KcmGMM + Ccm) 

(17) 

170/Vol . 113, APRIL 1991 Transactions of the ASME 

D
ow

nloaded from
 http://asm

edigitalcollection.asm
e.org/vibrationacoustics/article-pdf/113/2/167/5716477/167_1.pdf by Texas A & M

 U
niversity user on 07 August 2023



J\ Jl 

[Q (MxN) 

1 

2 

M 

(KclGn +C c l ) 

- (KclG11 + Ccl) 

Part II: Active Stiffness Feedback Theory (ASFT) 
In this section, the pusher internal displacements are pro

portional to the rotor displacements rather than to the rotor 
velocities. The feedback control law is; 

\ai (Mxl) = ~~ [G]^^^ {Zj ( N x l) 

Note that the feedback gain matrix [G] is defined in equation 
(13). Substituting equation (19) and equation (13) into equa
tion (1), gives the closed-loop system equation as; 

lAfl [0] i r i z 

[0] : [Mp 

[K] : [K"Y 

[k : [K] 

[CK] 

( Z J . 

ICK] ic"]"i r t z 

[CK 

[0] 

[Q J L tz jJ 

(20) 

• Ccl(\ + Gn) 

[Ql(Mxm _ 

1 

2 

M 

-Ccl(l + Gn) 

Ji 

-C c 2 ( l + G22) 

W(NXN) =IK\ + 

• Kc{(l + Gu) . . 

Kc2{\ + G22) . 

' (KcmGMM + Ccm) 

(18) 

Note that the matrix [G] has the same form for both ADFT 
and ASFT, but the units are different. In ADFT, the unit of 
[G] is in sec while the [G] in ASFT is dimensionless. 

n m Test Results and Theory Comparison 

A series of component and system tests were performed in 
order to stabilize the AVC system, verify its effectiveness in 
controlling vibration, and verify the theory presented. Figure 
2 shows the feedback loop used for the velocity feedback 
(damping) tests. The circuit shown in this figure contains a dif
ferentiator, amplifier, and inverter. The position feedback 
(stiffness) test loop was identical except for removal of the 
resistors, capacitors, and operational amplifiers shown. 

The dimensions of the various components of the pusher 
assembly are shown in Fig. 1. The isolation pads are neoprene 
compression pads (Tech Products, 1988). The pushers are 
shown to be soft mounted or isolated from the metal housing 
utilizing neoprene pads in Fig. 1. 

The pads were found to improve the electromechanical 
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Fig. 6 Simulation unbalance response at probe 2X or 2Y in Fig. 4 vs. 
feedback gain coefficient in ADFT. 

stability of the system. The reason for this is that introducing 
flexibility in the casing-pusher connection point reduced vibra
tion of the casing. This prevents out of phase motion of the 
pusher support point which may cause instability. The trade 
off in this action is that the pusher forces are reduced, yet, as 
evidenced by the test results, remain effective over a certain 
range of feedback gains for the system examined. The ab
sorber pads introduce passive damping which also enhances 
the stability. 

Figure 2 is a diagram of the feedback control system. The 
differentiator yields a frequency response function propor
tional to frequency to about 1000 Hz where it rolls off to 
prevent high frequency noise amplification. The roll off in
troduces phase lag which tends to destabilize the system. The 
low pass filter was inserted to attenuate high frequency noise, 
but again introduces phase lag. The most significant phase lag 
comes from the pusher and its driver, which like all other ac
tuators rolls off in amplitude above some frequency. Figure 3 
shows the frequency response function between the pusher's 
amplifier/driver input voltage and its output voltage to the 
pusher. Note that although the amplitude is flat to 2000 Hz, 
considerable phase lag does occur. The frequency response 
function between the pusher's tip displacement and its input 
voltage is very similar to Fig. 3 but slightly less damped. 

Figure 4 shows a sketch of the test rig at NASA Lewis 
Research Center, including probe and pusher locations. The 

gain=-20 (unalable) 
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Fig. 7 Response amplitude at probes 2X and 2Y in Fig. 4 vs. gain in 
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Fig. 8 Simulation unbalance response at probe 2X or 2Y in Fig. 4 vs. 
feedback gain coefficient in ASFT 
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Fig. 9 Demonstration of coastdown vibration reduction by switching 
critical speed location 

rotor was simulated with a 7 mass finite element model in
cluding the active damping and stiffness matrices derived in 
the analysis section. The active damping theoretical feedback 
gain coefficient [G„- in equation (13)] is obtained from Fig. 2 
as 

172/Vol . 113, APRIL 1991 Transactions of the ASME 

D
ow

nloaded from
 http://asm

edigitalcollection.asm
e.org/vibrationacoustics/article-pdf/113/2/167/5716477/167_1.pdf by Texas A & M

 U
niversity user on 07 August 2023



ROTATION 
OUTBOARD DISK 

INNER / ) 
PLUNGER I A 
(SECOND) V _ ^ 

' 30' / 

Fig. 10 Sudden mass imbalance device at outboard disc location 
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Fig. 13 Simulation transient response to sudden mass un-
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Fig. 12 Simulation transient response to sudden mass unbalance-no 
velocity feedback 

G„ = 
CDSP 

2xSr, 
•Gl, (25) 

The pusher's passive damping Cp and the damping Cs of the 
absorber between the pusher tip and the bearing housing were 
neglected. This resulted in the active "mass" matrices in equa
tion (15) and equation (16) to be null for this study. The 
following response plots show displacement vibration at 

Frequency 
Wuerhdl plol (probe 2X) 

1000 Hx 

SOHIO G E A R E P 80 (SAE SOW) 
E x t r e m e pressure gear lubricant 
Viscosi ty: 9.3 centistokes (cSt) at 100° C 
80 cent i s tokes (cSt ) at 37.7° C 
Oil t e m p e r a t u r e : 29.4°C 
Dens i ty : 1.0887xlO , . /V/mJ 

Clearance: 0.1265 m m , radial 
L = 1 7 . 7 1 m m , D = 9 8 . 1 4 m m 
Unbalance: 0.506 g m m 
Inlet d iameter : 10.12 m m 
H = 1 . 5 1 8 m 
N = 1 6 8 0 0 r p m 

Fig. 14 Oil whirl suppression test: N = 16800 rpm 

probes IX and 2Y in this figure. The effects of varying the 
signal amplifier gain G' in the active damping circuit of Fig. 2 
is shown in the unbalance response plots of Fig. 5. These 
results show close agreement with the theoretical response plot 
shown in Fig. 6. The theoretical feedback gain coefficient is 
obtained from the instrument sensitivities and amplifier gain 
G' as shown in Fig. 2. The tare (inherent passive) damping 
was found to be 110 N sec/m which was obtained by 
test/simulation matching. This damping was applied between 
the bearing housing and ground in both transverse directions. 

Test results for active stiffness are shown in Fig. 7. The 
response curves in these figures shown the effect that feedback 
gain has on the critical speed location. Figure 8 shows the cor
responding theoretical predictions for various values of feed
back gain in the active stiffness circuit. Note that the active 
stiffness may raise or lower the critical speed depending on the 
sign of the feedback, which is experimentally controlled by an 
inverter circuit. Furthermore, since Cp and Cs are neglected 
the matrices in equations (21) and (22) are both null. The abili-

Journal of Vibration and Acoustics APRIL 1991, Vol. 113/173 

D
ow

nloaded from
 http://asm

edigitalcollection.asm
e.org/vibrationacoustics/article-pdf/113/2/167/5716477/167_1.pdf by Texas A & M

 U
niversity user on 07 August 2023



Fig. 15 * Durability test with the rotor speed at critical speed: 6300 rpm 
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Fig. 16 T700 engine simulation results 

ty of active stiffness to shift critical speeds can be exploited to 
avoid resonance during runup or coastdown. This is illustrated 
in Fig. 9 where G' = -20 at 8500 rpm and is switched during 
coastdown to 0 at 5500 rpm, thus avoiding a major resonance 
peak. This can be clearly understood by considering the 
G' =20 and G' =0 curves in Fig. 8. 

A transient "sudden" weight loss test was conducted by 
shearing off a bolt with a solenoid driven plunger as shown in 
Fig. 10. A complete description of the test procedure and ap
paratus may be found in Kascak (1987). Figure 11 shows the 
measured response during the transient without velocity feed
back (active damping) and with velocity feedback at gain 
G' =20. Figures 12 and 13 show the corresponding theoretical 
responses using Newmark Beta (a = 0.25 5 = 0.5) numerical 
integration. 

The velocity feedback AVC was tested to see if it could suc
cessfully stop instability. Figure 14 shows how the outboard 
disk was used as a plane journal bearing to induce an instabili

ty from oil whirl. The figure indicates that the rotor was 
balanced very well, displaying only a minute vibration compo
nent at running speed (N). The waterfall plot shows frequen
cy spectrums of the probe (2X) vibration signal versus velocity 
feedback gain. The instability frequency is at the 6100 rpm 
critical speed (iV„.„ ) while the rotor operating speed is 16800 
rpm. Increasing the velocity feedback gain decreased the sub-
synchronous component of vibration by a factor of 7. 

Finally, Fig. 15 shows the results of a 30 hour (11.Ox 106 

cycles) endurance test of the velocity feedback AVC loop. The 
plot shows a waterfall spectrum of the displacement vibration 
at the IX location in Fig. 4. The rotor speed was set equal to 
the critical speed and the active damping given was set equal to 
G' =20 during this test. The results indicate excellent vibra
tion reduction throughout the test. This removed some initial 
fears that the pushers would become ineffective in long dura
tion operation due to self heating. Piezoelectric actuators 
behave like capacitors with a small amount of dielectric loss 
that produces some power dissipation or self-heating in the 
device when driven at high amplitudes and high frequency. 
Evidently the low vibration amplitude and frequency 
prevented this effect. 

Electromechanical Stability 

The system described in this paper has electromechanical 
stability limitations. The reasons for these limitations are the 
phase lags of the differentiator circuit, low pass filter, 
piezoelectric pusher, and its drivers as shown in Fig. 2. The 
differentiator circuit was designed to have the minimum possi
ble phase lag without permitting its rolloff frequency to be so 
high as to severely amplify noise. In addition, the low pass 
filter cutoff frequency was adjusted to be as low as possible, to 
attenuate high frequency noise, without introducing too severe 
a phase lag which may cause electromechanical instability. 
The pusher's driver has a built in low pass filter on its output. 
This filter's feedback capacitor was adjusted to minimize its 
phase lag and improve electromechanical stability. 

For accurate prediction of electromechanical stability for 
the system described here it is required to represent the dif
ferentiator, low pass filter, pusher, and its driver with linear 
differential equations. These equations may be written for the 
differentiator and the low pass filter from a standard circuit's 
textbook. The pusher and its driver must first be represented 
by equivalent circuits with similar frequency response func
tions. The frequency response function between the pusher 
tip's free (unconstrained) displacement and the input voltage 
to the pusher is very important since it provides a more 
realistic model for a in Fig. 1, which was previously assumed 
to be proportional to the pusher's input voltage and without 
phase lag. Our tests show that the frequency response func
tions of these components are very similar to those of 2nd and 
4th order low pass filters. Correlation of instability onset gains 
with an analytical model utilizing the equivalent circuit 
representation has shown very encouraging results. This 
analysis and results are quite extensive and are summarized in 
Lin (1990). 

Simulation of Actual Jet Engine 

Computer simulations were performed to determine the 
force and stroke requirements of the piezoelectric pushers for 
active damping application in a typical jet engine. For these 
simulations it was assumed that the pushers were hard 
mounted to the casing, i.e., KA =CA =<x in Fig. 1, and that 
they were located in both transverse directions at the exhaust 
bearing of the power turbine shaft. 

Figure 16 shows the first mode, and unbalance response and 
pusher internal displacement (a) plots for a T700 type turbine 
engine. The T700 falls in the category, "Small General Avia-
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tion Engine (SGAE)," according to criteria proposed in Bhat 
(1983); 

Max. Rotor Max. Rotor Max. Speed 
Weight (Newton) Length (Meter) RPM 

SGAE 667.50 1.777 20,000 
T700 93.45 0.964 16,000 

(service) 
A comparison of the T700 results to the maximum accept

able vibration proposed in the Bhat report is shown below: 
Max. Turbine Vibration Max. Damper Vibration 
at Operating Speed at Operating Speed 
(Meter, 0-p)/g mm (Meter, 0-p)/g mm 

SGAE 1.76xl0~7 1.59X10"7 

T700 2.47 xl0~8 1.76xl0~8 

The T700 results are for an active damper (KC.GU) value of 
17533 Newton, sec/m (100 lb sec/in) which requires a pusher 
internal displacement of 2.03 X 10~4 meters, zero to peak (8.0 
mils) for 72.0 gm cm (1 oz in) unbalance at the turbine disc. 
The corresponding pusher force is 890 Newtons (200 lbs, zero 
to peak). Although the pusher displacement requirement ex
ceeds the 5.06x 10-5 -7.59x 10-5 meter (zero to peak) limit 
of existing pushers, larger displacements can be obtained by 
stacking piezo-pushers in series. Similar simulations are cur
rently being performed on the T64 and T55 engines. 

Summary and Conclusions 

This paper presented theory, test results, and comparisons 
for utilizing piezoelectric pushers as actuators for active con
trol of rotor bearing system vibrations. The results showed 
that the velocity feedback AVC could effectively suppress un
balance response, transient, and subsynchronous vibrations. 
The control system successfully suppressed unbalance induced 
vibrations throughout a 30 hour endurance test. The active 
stiffness AVC was effective in positioning the critical speed in 
order to avoid resonance during startup or coastdown speed 
transients. 

Correlation between unbalance response test and theory 
showed very good agreement for velocity feedback AVC and 
fair agreement for position feedback AVC. Future work in 
this area will examine high and low temperature performance, 
developing pushers with more force and stroke, and improv
ing electromechanical stability for application to actual in
dustrial and aerospace machinery. 
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