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The accurate characterization of compressor rotordynamic coefficients during the design
phase reduces the risk of subsynchronous vibration problems occurring in the field.
Although rotordynamists extensively investigate discrete compressor components (such
as seals and front shrouds) to tackle instability issues, integrated or system-level analysis
of compressor rotordynamics is very sparse. In reality, the impeller, eye-labyrinth seal,
and the front shroud heavily influence one another; and the collective dynamic behavior
of the system differs from the sum of the dynamic behavior of isolated components. A com-
putational fluid dynamics (CFD)-based approach is taken to evaluate the dynamic behavior
of the system as a whole. The geometry and operating conditions in this work are based on
the recent experimental study of Song et al. (2019, “Non-Axisymmetric Flows and Rotordy-
namic Forces in an Eccentric Shrouded Centrifugal Compressor—Part 1: Measurement,”
ASME J. Eng. Gas Turbines Power, 141(11), p. 111014. 10.1115/1.4044874) on centrifugal
compressor. The commercial CFD code crx 19.0 is used to resolve Reynolds-averaged
Navier—Stokes equations to quantify the eye-labyrinth seal and front cavity stiffness,
damping, and added mass. The entire compressor stage is modeled to uncover the
coupled behavior of the components and assess the stability of the whole system instead
of just discrete components. In the current work, three CFD approaches, namely quasi-
steady, transient static eccentricity, and transient mesh deformation techniques are
studied and benchmarked against analytical and experimental results from the literature.
Having established the efficacy of the proposed approach, four types of swirl brakes are
proposed and analyzed for stability. The novel swirl brakes create negative swirls at the
brake cavities and stabilize both the front shroud and the eye-labyrinth seal simultaneously.
[DOI: 10.1115/1.4062934]
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1 Introduction

Labyrinth seals are widely used in high-performance centrifugal
pumps and compressors as eye seals, end seals, and balance piston
seals to reduce leakage loss and/or axial thrust [1,2]. Turbomachin-
ery reliability, spin speed, and performance are often limited by
their leakage flow path influence on rotordynamic stability. In an
eccentrically operating rotor, non-axisymmetric flow inside the
compressor eye-labyrinth seal, front cavity, and impeller blade
passage give rise to rotordynamic forces. These fluid-induced
forces may cause subsynchronous vibration which is undesira-
ble and can even lead to catastrophic failure. Historically,
the problem of subsynchronous vibration started to get broader
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attention after the incidence of such vibration instability at the
space shuttle main engine high-pressure oxygen turbopump [3].
Rotordynamic performance of the leakage path has paramount
importance as its normal force F, can shift rotor critical speed
while tangential force F, may strongly affect pump/compressor
stability.

Researchers and engineers have exerted tremendous efforts in the
past 40 years to comprehend and enhance the rotordynamics of
pump and compressor seals employing experiments [4-6] and pre-
dictive tools like bulk flow models [7,8] and computational fluid
dynamics (CFD) [9,10]. In the rotordynamic analysis of shrouded
compressors, most studies focus only on eye-labyrinth seal forces,
and rotordynamics contribution of the front shroud is neglected.
Similarly, pump stand-alone shroud forces [11,12] were measured
using a shroud without blades and water as the working fluid.
System-level analysis of compressors, treating seal and front
cavity, as an integrated component and including all upstream

20283, Vol. 2 / 021039-1

Copyright © 2023 by ASME; reuse license CC-BY 4.0

€20z 1snbny 60 uo 1senb Aq ypd'6£0120 ¢ ol0B/EY1 220./7E6290% L/SLLL 0L/Iop/pd-some/Bunssuibusuado/bio-swse: uonos|joojenbipawse;/:dpy woly pepeojumoq


mailto:md_shujan@tamu.edu
mailto:farzam.mortazavi@tamu.edu
mailto:a-palazzolo@tamu.edu
https://crossmark.crossref.org/dialog/?doi=10.1115/1.4062934&domain=pdf&date_stamp=2023-07-25

and downstream flow components in the analysis, is scant and
limited.

System-level analysis of compressors is important for accurate
assessment of their rotordynamic performance. The system-level
analysis would be more relevant for future turbomachines featuring
high spin speed and large energy density such as supercritical
carbon dioxide (sCO,) systems [13,14]. The sCO, compressor
tested in Sandia National Laboratory operates at an astonishing
spin speed of 75,000 rpm [13] and front shroud dynamic forces of
such high-speed machines can be very high. The America Petro-
leum Institute (API) provides some guidelines to reduce vibrations
in compressors and turbines by means of API 617 rotordynamic sta-
bility analysis [15]. API 617 Level 2 stability analysis is necessary
when Level 1 stability analysis could not suppress the machine
vibration. Level 2 stability analysis demands an assessment of
destabilizing forces from all possible sources including impeller,
seals, front shroud, and volute. System-level rotordynamic analysis
is more suitable for API Level 2 stability analysis compared to any
isolated seal analysis. The impeller, eye-labyrinth seal, and the front
shroud heavily influence one another, and their collective behavior
is different from the sum of their isolated components. The inlet/
outlet boundary conditions for each component are interrelated
and the components have coupled dynamic behavior. The API
required stability analyses involve vibration studies using flexible,
beam-based rotor models that include bearing stiffness and
damping coefficients and lumped inertias for compressor and
pump impellers [1]. Perhaps, most important are accurate values
for stiffness, mass, and damping coefficients of seals and impellers.
The aim of the present work is to present a general, CFD based,
system-level modeling approach to enhance the predicted accuracy
of these coefficients. In addition, novel swirl brake designs are pro-
posed and shown to reduce destabilizing cross-coupled stiffness.

Flow swirl (circumferential component of velocity vector) at the
seal inlet [12] significantly affects its rotordynamic forces. Swirl
velocity at the seal inlet depends on upstream flow components,
such as by geometry/curvature of the front cavity and volute [16].
Mortazavi and Palazzolo [16] numerically investigated the rotordy-
namic contribution of different volute shapes for a shrouded cen-
trifugal pump and reported that the volute shape significantly
alters rotordynamic forces of the whirling components such as
seals, shrouds, and impellers. Uy and Brennen [11] experimentally
tested three different shapes of isolated pump front shrouds rotating
at 1000 rpm without any impeller blades and concluded that front
shroud rotordynamic forces exhibit a strong correlation with fluid
inlet swirl. Wagner et al. [17] experimentally measured the rotordy-
namic force of a compressor eye-labyrinth seal operating at
15,000 rpm with an inlet pressure of 1015 psi and compare their
measurement with CFD predictions. In this study, the labyrinth
seal was tested as an isolated component, and afterward, other
upstream and downstream flow components, such as the inlet
chamber, downstream annulus, end-plenum, and pre-swirl ring
were added in the computational domain one by one. This study
substantiated that not only the upstream cavity, but also down-
stream flow conditions affect overall seal force. Therefore, measure-
ment or prediction of isolated eye-labyrinth seal forces is not
adequate to design or troubleshoot a high-energy compression
system. The system-level model captures the natural formation of
flow swirl at the seal and shroud inlet, and it removes assumptions
in vital boundary conditions. Furthermore, front cavity rotordy-
namic forces are not always negligible [18-20]. Gupta and Childs
[21] employed a bulk flow model to study rotordynamic forces of
a shrouded centrifugal compressor operating with methane at a
running speed of 11,218 rpm, and reported that front cavity cross-
coupled stiffness was trivial in this study compared to labyrinth
seal contributions. Moore and Ransom [22,23] studied a four-stage
centrifugal compressor working with nitrogen at a discharge pres-
sure of 2300 psi and rotating at 21,500 rpm. Two of the four
stages suffered subsynchronous vibration during tests. They utilized
the quasi-steady CFD model to predict rotordynamic coefficients of
the front shroud while they utilized the traditional bulk flow model
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in the seal region. Predicted shroud forces were comparable to that
of the eye-labyrinth seal. Zhang et al. [19] predicted rotordynamic
forces of the commercially available Solar’s C51 shrouded centrif-
ugal compressor using CFD by including the entire blade passage,
eye-labyrinth seal, and front cavity into the computational domain.
A quasi-steady CFD model of the whirling leakage path was
employed, and the front cavity forces were observed to be greater
than those of the eye seal in that analysis. Song et al. [20,24] mea-
sured direct and cross-coupled stiffness of a shrouded centrifugal
compressor eye-labyrinth seal and front shroud cavity in the pres-
ence of the impeller blade passages, bell mouth suction, diffuser,
and collector, unlike isolated seal tests. The compressor casing
was moved to make the impeller statically eccentric. Counter to
common conception, shroud cross-coupled stiffness was found to
be 2.5 times larger than its seal counterpart. Hoopes et al. [18]
utilize the transient CFD mesh deformation method to determine
rotordynamic coefficients of the eye-labyrinth seal and front
cavity of a shrouded centrifugal compressor. The impeller was
modeled as a non-whirling component while the whirling motion
was imposed on the eye seal and front cavity. The predicted cross-
coupled stiffness for the front cavity was almost twice compared to
that of the eye seal. Hence, there are disagreements on the relative
importance of front cavity rotordynamic forces, and forces in the
cavity can add uncertainty to the stability analysis if they are
excluded. Furthermore, the shroud forces may become critical for
future compressors operating at higher speeds, higher pressure
ratios, and highly dense supercritical fluids. Higher spin speed
forces the rotor to operate way above its first or even second critical
speed and is prone to subsynchronous instabilities. At higher pres-
sure ratios, pressure around the impeller increases which induces
larger dynamic forces.

In recent times, due to the increase of available computational
power, CFD has become a mainstream predictive tool in industry
and academia to study impeller [9,10,25] and seal rotordynamics
[16,26,27], automotive aerodynamics [28], and other flow devices
[29,30]. Unlike bulk flow models [31], CFD models [32] do not
rely on empirical correlations and can handle complex geometries
that are impracticable for bulk flow models, rendering CFD an attrac-
tive candidate for detailed analysis of these components. Addition-
ally, CFD can reveal complex flow details such as separation
regions, local velocity, and pressure field. Literature on CFD
models to conduct a system-level analysis of compressor rotordy-
namic forces is scarce in the open literature. This paper utilizes
CFD to model the whole compressor stage in order to evaluate the
coupled behavior of the components and assess rotordynamic coef-
ficients of the whole system instead of just isolated components.
The compressor geometry and experimental results from Ref. [20]
have been utilized in the present work. This compressor has been
selected because of available geometric details and operating condi-
tions which are rare in the open literature. Non-axisymmetric pres-
sure distributions and fluid swirl ratio inside the eye seal and front
cavity, induced by the static eccentricity of the compressor impeller,
are predicted along with dynamic forces. This study also aims to
verify the accuracy of available CFD models, namely, quasi-steady,
transient static eccentricity, and transient mesh deformation models,
and used to predict rotordynamic forces in centrifugal pumps and
compressors. Predictions of each CFD model are compared with
experimental results and correlations from the literature. This
paper also presents details of all three CFD methods utilized in this
work. This work would serve as a guideline for system-level analysis
of centrifugal pumps and compressors in general.

It is a well-established fact that the swirl (or circumferential
velocity) of the secondary leakage path is one of the major causes
of rotordynamic instabilities in centrifugal pumps [11,33,34] and
compressors [35,36]. Swirl brakes [33,34,36,37], shunt injection
[38], and hole-pattern seals [38,39] have been successfully imple-
mented in the industry to reduce swirl at the seal inlet. Swirl
brakes are a series of vanes installed circumferentially ahead of
the seal entrance, or circumferentially cut grooves at the seal
inlet, guiding the gas flow against rotor pre-rotation and dissipating
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turbulent kinetic energy to reduce circumferential velocity. Circum-
ferential slots (milled) are used as swirl brakes when there are clear-
ance issues (such as rubbing) in putting additional metal strips at
the seal inlet. Childs and Ramsey [37] utilized a vane-type swirl
brake to stabilize an inter-stage seal in the high-pressure oxygen tur-
bopump of the space shuttle main engine. It was a 20.2 cm diameter
teeth-on-rotor labyrinth seal with a honeycomb seal operating with
supply pressure up to 18.3 bar and rotating speed up to 16 krpm.
Venkataraman et al. [36] designed a slot-type swirl brake for a com-
mercially manufactured compressor equipped with a teeth-on-rotor
labyrinth seal. It was a barrel-type compressor working with pres-
sures varying from 2250 psia to 4500 psia at a maximum speed of
22,300 rpm. The swirl brake was formulated by milling several slots
around the circumference of the seal ring. Three novel swirl brakes
are presented here to demonstrate the improvements in design. Slots
have been cut on the shroud stator instead of installing vanes to
avoid rubbing. Their relative performance to reduce the leakage
path swirl has been evaluated by employing the transient mesh
deformation CFD model. These swirl brakes created negative
swirls at the brake cavities, reduced whirl frequency ratio (WFR),
and improved the stabilizing characteristics of both the front
shroud and the eye-labyrinth seal simultaneously.

2 Rotordynamic Fluid Forces

The fluid-induced forces on a typical rotor are shown in Fig. 1.
Figure 1(a) represents a statically eccentric rotor without any whirl-
ing motion. The rotor has been moved from the casing center by a
small distance e. In Fig. 1(b), the rotor whirls about the casing
center by a small eccentricity e. The shaft spins about its own
center at angular velocity w while it whirls about the casing
center at angular velocity Q. In both cases, rotordynamic forces
can be decomposed into normal force F, in the direction of the
eccentricity, and tangential force F, normal to the eccentricity.
Normal force F), typically has a centering effect and thus a negative
normal force forms a positive direct stiffness K, that increases the
pump/compressor critical speed. The circumferential force F;
impedes or propels rotor whirl, depending on the available direct
damping and cross-coupled stiffness. A positive value of F, may
cause self-induced rotor instability as it feeds more energy to the
forward whirling motion. In many applications, the inertia effect
of F, is small compared to the restoring forces of the bearing and
the casing. Therefore, rotordynamic researchers often emphasize
controlling the destabilizing tangential force.

Seal and front shroud stabilizing forces are often quantified using
effective damping Ceg and effective stiffness K¢ defined as

F,
chﬂ~=—?t=—k+ CQ + m? )
F, 2
Keff=—?=K+cQ—MQ 2)

Stato‘r

Fig. 1 Schematic of rotordynamic fluid forces: (a) statically
eccentric rotor and (b) whirling rotor
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Fluid forces are typically modeled in terms of stiffness, damping,
and added mass coefficients. In the following sections of this study,
this type of fluid force modeling will be referred to as the KCM
model. These coefficients are readily used in rotordynamic analysis,
such as in the determination of critical speed, unbalance response,
stability analysis, etc. For this reason, these coefficients serve
many purposes in industrial applications of turbomachinery to
reduce vibration and maintain stable operations.

3 Geometry and Dimensions

The experimental works of Song et al. [20] and Song [24] are
selected for verification purposes. Their geometry is utilized in
this study as scholarly articles providing rotordynamic measure-
ments along with considerable geometric and operating details are
scarce in the open literature. A shrouded centrifugal compressor
was tested with a static eccentricity of the impeller. The impeller
was fixed while the casing was moved to induce non-axisymmetric
flow in order to measure direct and cross-coupled stiffness values.
Damping and virtual mass coefficients were not measured as no
whirling motion was imposed on any of the components. Steady
non-axisymmetric pressure distribution was measured using pres-
sure taps placed at several axial and circumferential locations
along the eye-labyrinth seal and the front cavity. The test rig con-
tains a bell mouth suction ahead of the compressor wheel, and a
long diffuser and circular collector following the impeller. The com-
pressor impeller was redesigned using turbomachinery design soft-
ware CFTURBO [40]. It provides the impeller design for desired
geometric constraints and operating conditions. Unknown parame-
ters such as blade angle and blade thickness distribution are esti-
mated utilizing empirical functions, velocity triangle calculations,
Euler equation solution, and blade blockage of the flow channel.
Outflow slip coefficient is calculated based on the empirical
formula of Aungier/Wiesner. The redesign process utilizes a free-
form 3D blade shape coupled with conformal mapping to find
impeller cross section and blade profile. The impeller geometry is
inverse designed because the original geometry is the propriety
data of the original equipment manufacturer (OEM) and is not avail-
able in the open literature. The redesign process introduced geomet-
ric uncertainties which are very difficult to quantify due to all
geometric parameters. These uncertainties could be significant for
estimating the aerodynamic properties, but these uncertainties
have comparatively less influence on estimating the rotordynamic
coefficients. Past research [10] has shown that a few key parame-
ters, namely axial length of the rotor, fluid density, impeller outer
radius, impeller discharge width, rotational speed, and eccentricity
ratio, define the majority of rotordynamic forces. Mortazavi and
Palazzolo [10] studied five different open impellers that have the
same impeller outlet diameter, same tip clearance, same rotational
speed, and number of blades, but they differ in their specific
speeds. The operating conditions of each impeller set its specific
speed which in turn determines blade angles, hub, and shroud pro-
files. They found that when normalizing the normal and tangential
forces using the above-mentioned parameters, the force predictions
of different impellers are almost on the same line, clearly showing
that these are the key parameters.

The CFD computational domain keeps all the upstream and
downstream flow components to model the coupled behavior of
the system. The eye-labyrinth seal, front cavity, vaneless diffuser,
and circular collector/volute are constructed using the dimensions
provided in Ref. [20]. Table 1 lists design point data and geometric
dimensions used to make the computational domain for this work.
Figure 2 shows the computer-aided design (CAD) model of the
test rig accommodating the impeller.

4 Numerical Methodology

4.1 Computational Domain. The exploded view of the com-
putational grid is presented in Fig. 3. A full 360 deg model and
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Table 1 Design point values and geometric dimensions

Parameters Value
Rotational speed at design point, ny 40,000 rpm
Number of blades, N 16
Mass flowrate, 0.5197 kg/s
Pressure ratio, IT 1.5
Inlet total pressure, pyy 100.53 kPa
Inlet total temperature, Ty 30 °C
Impeller exit diameter, Dy 153.24 mm
Rotor radius, R, 46.79 mm
Impeller exit width, b, 9.19 mm
Diffuser width at inlet, bs 9.19 mm
Seal clearance, C, 0.55 mm
Seal height, & 3.00 mm
Seal pitch, L, 7.00 mm

Number of seal teeth, ¢ 3

Tooth angle, 156.10 deg
Shroud axial length, Lg,, 23 mm
Shroud cavity height at inlet part, by, 1.38 mm
Shroud cavity height at exit part, by, 3.55 mm

mesh are required due to the non-uniform circumferential flow field
and to resolve rotor forces resulting from static eccentricity or
imposed whirling motion. The model incorporates the
domains upstream and downstream to the seal and front cavity in
order to capture the natural formation of flow swirl entering the
seal and the front cavity. Furthermore, these subdomains enable
correct modeling of pressure loss and recovery which affect the
rotordynamic coefficients such as the direct stiffness. The presence
of the blade passages transfers the blade passing effect to the front
cavity.

Structured grids are used for all flow components except the col-
lector. The collector is discretized utilizing an unstructured tetrahe-
dral grid along with prism layers near the walls to resolve the
boundary layer on the walls. The impeller grid is generated using
ANSYS TURBOGRID. TURBOGRID provides the grid of a single-blade
passage. That blade passage mesh was assembled and copied in
the crp solver to get the 360 deg impeller domain. Other structured
grids are generated using ICEM cFD. Structured grids facilitate the
reduction of overall mesh size without sacrificing numerical

(a) Collector

Bell Mouth Suction
Impeller Nut

Leakage path

Collector
/ .
Diﬂ'user__\ :
Impeller \ ¢ i
Leakage path \ '
Suction
Extension
Bell Mouth

Fig. 3 Exploded view of the computational grid

accuracy, and help to avoid mesh inversion (negative mesh
volume) in presence of mesh deformation boundary conditions.
The computational grid has over 8.5 million nodes. The structured
grid of the impeller and the leakage path is illustrated in Fig. 4.

4.2 Computational Fluid Dynamics Setup. The commercial
code ANsys crx [41] is utilized to solve the 3D transient
Reynolds-averaged Navier—Stokes (RANS) equations. Three rotor-
dynamic modeling techniques, namely, quasi-steady, transient
static eccentric, and transient mesh deformation models are utilized
in this work. These models have some unique features that are dis-
cussed in the following sections. Table 2 contains other details of
the CFD models. The working fluid is air ideal gas. The shear
stress transport (SST) turbulence model has been selected as it is
extensively benchmarked for turbomachines [42,43]. The forces
were measured [20] for 36,000 rpm rotor spin although the impeller
was designed for 40,000 rpm spin speed. All simulations are con-
ducted with 36,000 rpm spin speed to be consistent with the
experiment.

4.3 Dynamic Force Solution Technique. Rotordynamic
coefficients are determined experimentally using static (see

( b) Front

cavity
le— Eve or shroud —p|
seal

\ o /
G, W D,
V4R
T A
//
i
R, //

Fig.2 CAD model of the compressor test rig: (a) cross section of the whole compressor stage
and (b) cross section of the impeller, the eye-labyrinth seal, and the front shroud
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Fig. 4 Structured grid: (a) impeller and (b) the eye-labyrinth seal and front cavity

Fig. 1(a)) and dynamic tests (see Fig. 1(b)). Static tests provide
direct and cross-coupled stiffness. A dynamic test provides not
only stiffness but also damping and virtual mass coefficients. Sim-
ilarly, there are several CFD models to numerically evaluate a
pump/compressor with static eccentricity or dynamic whirling
motion imposed on the rotor and/or the leakage path.

All CFD models, experimental measurements [20], and theoreti-
cal results [44] discussed in this work have utilized the assumption
of frequency-independent rotordynamic coefficients and the skew-
symmetric force model. Thus, only one set of direct and cross-
coupled dynamic coefficients is required for stiffness, damping,
and added mass terms. Applicability of the frequency-independent
skew-symmetric force model for a shrouded centrifugal compressor
[22,23], centrifugal pump [9-11], and eye-labyrinth gas seal
[6,12,17-21,44] has been verified by prior theoretical [45,46],
experimental, and CFD works.

4.3.1 Quasi-Steady Model. This model replicates dynamic
testing using a circular whirl orbit. Like dynamic experiments, it
provides stiffness damping and added mass coefficients. To quan-
tify seal [19,47,48] and impeller rotordynamic forces [9], many
authors have utilized this CFD model. This model is limited only
to axisymmetric geometries and circular whirl orbits. This model
cannot accommodate asymmetric components such as swirl brakes.

The transient whirling motion is converted to a steady problem
by resolving the flow in a rotating frame centered at the casing
center and rotating with the whirl speed €, as illustrated in Fig. 5.
This frame would be referred to as the whirling frame for the
remaining part of this paper. When observing from this reference
frame, there is only the relative circumferential motion between
the rotor and stator. In this rotating frame, the stator would rotate
in opposite direction with the whirl speed (—), and the rotor
would spin at the speed of (w — Q).

In this paper, the computational domain contains the primary
flow path, which is spinning about its center (no static eccentricity

Table 2 Computational fluid dynamics setup

Solution type Transient
Working fluid Air ideal gas
Rotational speed, n 36,000 rpm

Turbulence model SST
Automatic wall function
High-speed wall heat transfer model
Total energy
Total pressure, static temperature
Mass flowrate
High resolution
Second-order backward Euler
RMS, 1075
Adiabatic, smooth wall

Heat transfer model
Inlet boundary
Outlet boundary
Advection scheme
Transient scheme
Target residual
Wall properties

ASME Open Journal of Engineering

or whirling), and upstream and downstream components. The
primary path is resolved in the spinning frame of reference, the col-
lector is resolved in the stationary frame, and all other subdomains
are resolved in the whirling frame of reference. These domains are
connected using sliding interfaces. Rotor eccentricity e is selected
as 0.1C; to comply with the small perturbation theory [1]. Forces
generated by the eccentricity of the rotor are calculated by integrat-
ing pressure and shear stress around the rotor surface. In this
problem, the eye seal and the front cavity are made eccentric in
the y-axis for the quasi-steady model. The solution is obtained for
nine whirl frequencies to get the map of impedance over various fre-
quency ratios. When the normal and tangential forces are normal-
ized by the whirl eccentricity e, this is called impedance and
represents fluid reaction force per unit displacement/eccentricity.
These impedances are compared with linear, second-order force
models given by Egs. (1) and (2). The radial and tangential imped-
ances of the eye-labyrinth seal and the front cavity generated using
the quasi-steady CFD model are presented in Fig. 6. These curves
are similar to the previously presented impedance plots for centrif-
ugal pumps [9] and compressors [22]. For both the labyrinth seal
and the front cavity, the magnitude of effective stiffness and effec-
tive damping increases with increasing whirl frequency and
follows a quadratic trend (R* = 0.99). The impedance curves contain
significant curvature which indicates presence of added mass coef-
ficients. The added mass coefficients are relatively small for the
compressor since it operates with air.

4.3.2  Transient Static Eccentric Model. This CFD model pre-
dicts only direct and cross-coupled stiffness similar to the static
eccentric experiments. The eye-labyrinth seal and the front cavity
are made eccentric in the y-direction in the CAD model. The impel-
ler is kept centered at the casing origin. So, the impeller has no
eccentricity or whirling imposed.

First, a steady simulation has been done to be used as an initial
condition for the transient analysis. Transient analysis has been
done for at least 150 spin cycles and the first 30 spin cycles have
been discarded for transient effects. The average force in the

Stator

Fig. 5 Quasi-steady circular whirling motion in CFD
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Fig. 6 Impedance and associated KCM model curve fit resulting from the quasi-steady CFD model: (a) effective damping and

(b) effective stiffness

y-direction constitutes the normal force as the eccentricity is along
the y-axis. The average force in the x-direction constitutes the tan-
gential force. The direct and cross-coupled stiffness are defined as

K= average(F))

3
e
k= averafe(FX) @)

4.3.3 Transient Mesh Deformation Model. This model predicts
direct and cross-coupled stiffness, damping, and added mass coef-
ficients, similar to dynamic experiments and the quasi-steady
model. Furthermore, the transient modeling approach can accom-
modate any non-symmetric geometric features, such as asymmetric
volute, diffuser vanes, swirl brakes, and shunt holes. In this method,
in addition to spin speed, the whirling motion is imposed on the
rotor surface as a transient periodic displacement utilizing the
mesh deformation method [41]. A single-frequency circular whirl
orbit has been utilized in this work. This use of transient mesh
deformation based CFD models is well documented for predicting
rotordynamic coefficients of seals [18,26] and impellers [10,25].
The imposed circular whirling motion about the centered position
is described by

Ax = ecos (Qz)?—t(|sz|z—§) )

Ay = esin (Q1) (6)

where e denotes the eccentricity, Q is whirl frequency, w is spin
speed, and H is a ramp function. The whirl frequency Q is positive
for a forward whirl and negative for a backward whirl. The ramp
function A is introduced to the circular whirl motion to avoid
rapid mesh distortion at the beginning of the simulations. Equations
(5) and (6) are provided to the cx CFD solver by means of a type of
user-defined function called CEL (CFX Expression Language) [41].
The whirl radius e is kept under 10% of the seal clearance to be in
the linear region of the motion. The transient forces on the eye-
labyrinth seal and the front cavity are monitored during the transient
solution of the model. The simulations are repeated for frequency
ratios Q/o=-1.5, —1.1, —=0.5, 0.5, 1.1, 1.5, in order to gather
an adequate number of forces to perform the quadratic curve fit.

Due to the addition of mesh deformation boundary conditions, a
diffusion equation is solved at each time-step [41]

V.-TsVo)=0 (N
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where the mesh displacement 6 depends on the mesh stiffness
parameter I's. Accurate mesh displacement boundary condition is
important to avoid mesh inversion and failure of the simulation.
Figure 7 shows mesh displacement boundary conditions for the eye-
labyrinth seal and the front shroud. Whirling surfaces and stationary
surfaces need to be connected using “parallel to boundary” condi-
tions. This boundary condition allows the mesh elements to
deform along the boundary surface but enforces them to remain
in plane with their original location.

In the post-processing stage, the response of each frequency is
extracted using the fast Fourier transform. Figures 8 and 9 show
the plots of effective damping and effective stiffness as a function
of the whirl frequency. CFD predicted data are curve fitted using
the force model provided in Eqgs. (1) and (2). The coefficients of
the curve fits deliver constant stiffness, damping, and added mass
coefficients. Both the effective damping and the effective stiffness
increase with increasing whirl frequency in a quadratic trend. The
effective stiffness curve of the shroud is linear with almost no cur-
vature, indicating relatively small direct added mass coefficient. The
effective damping C.¢r indicates the magnitude and sign of the force
that arise from cross-coupled stiffness. Negative values show that
the evaluated component is destabilizing. The effective damping
of the labyrinth seal and the front cavity becomes positive at
about 2000 rad/s and 4000 rad/s, respectively. The frequency at
which the effective damping curve change sign is called the cross-
over frequency. At this frequency, the pressure field distribution
changes such a way that the resultant force changes sign. The cross-
over frequency is an industry-standard criterion for locating the first

Stationary

| ——  Prescribed motion

\ ——  Parallel to boundary
\ <> Interface

Fig. 7 Mesh displacement boundary conditions on the leakage
path
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Fig. 8 Effective damping and associated KCM model curve fit
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Fig. 9 Effective stiffness and associated KCM model curve fit
resulting from the transient mesh deformation CFD model (e =
0.1C))

subsynchronous forward whirl rotor mode. If the rotor critical speed
is below the crossover frequency, the machine would be at risk of
subsynchronous rotor instability while operating supersynchro-
nously above its critical speed and would be unable to operate at
maximum speed.

4.4 Grid Independency Study. A grid analysis was con-
ducted to ensure the independence of the results from spatial discre-
tization. The consistency of the grid convergence error is calculated
by three separate sets of parameters including: (1) compressor effi-
ciency 7, (2) pressure ratio I1, and (3) temperature ratio 7;. The first
parameter depends on the resolution of boundary layers and wall
shear stress, which usually require finer grids. The second parameter
reveals the convergence of the pressure field and continuity equa-
tion. The third parameter reveals resolution of the energy equation.
Figure 10 presents results of the grid independence study. The dif-
ference in results from these grids is less than 5%. The fine grid with
8.54 million nodes has been selected for all simulations. The reso-
lution of the fine grid’s subdomains is listed in Table 3. The leakage
path mesh has over 2.6 million nodes and the impeller mesh has
over 4.6 million nodes. Figure 11 illustrates the effect of grid size
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Fig. 10 Grid independence results

on dynamic forces for the transient mesh deformation CFD
model. Rotordynamic forces for all grids almost lie on the same
line. Hence, the fine grid would be sufficient for accurate resolution
of rotordynamic forces. Furthermore, CFD-based calculations of
rotordynamic forces show low sensitivity to mesh refinement
since the primary contributor to the rotordynamic forces is the pres-
sure [9,16,49] and fine resolution of shear stress is not so critical for
such calculations [9].

5 Results and Discussion

5.1 Compressor Performance. The performance of the rede-
signed compressor impeller for concentric operation at the design
point is shown in Table 4. The impeller pressure ratio is 1.5
which is the same as the design point. The pressure ratio is the
ratio of total pressure at discharge to that at the inlet. Temperature
ratio is defined as the ratio of total temperature at discharge to
inlet total temperature. To visualize the flow field inside the concen-
tric impeller, blade-to-blade views at three spanwise sections (span
0.1, 0.5, and 0.9) are shown in Fig. 12. The flow within each flow
passage is identical as no eccentricity or whirling motion is applied
in the primary passage and a symmetric ring-shaped collector is
used. The homogeneous distribution of Mach number and pressure
has a generally positive effect on efficiency and delay margin.
However, this impeller has some relatively high Mach number
regions in all three spanwise sections shown in Fig. 12(c). The
maximum Mach number in these sections is about 0.66. The
highest Mach number in all three sections was observed near the
outflow region. The Mach number plot at 90% spanwise section
also illustrates a recirculation zone. Unlike conventional volute,
the ring-shaped collector induces no pressure asymmetry as
shown in Fig. 13. Rotor forces are also close to zero (see
Table 4) due to the symmetry of the pressure field.

Table 3 Subdomain grid size

Domain N,
Leakage path 2,623,608
Impeller 4,693,920
Suction 351,536
Bell mouth 156,800
Extension 35,100
Diffuser 331,580
Collector 352,780
Total 8,545,324
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Table 4 Performance of the redesigned impeller

Pressure ratio, IT 1.5
Efficiency, n 0.85
Temperature ratio, 7 1.13
X-axis force, F, -0.06 N
Y-axis force, F, —-0.03N

5.2 Rotordynamic Forces. The prediction of rotordynamic
coefficients using three different CFD models is listed in Table 5.
In addition, Song et al. measured direct and cross-coupled stiffness
values utilizing a static experiment [20] are also included, along
with their predicted stiffness values using an analytical model [44].
CFD predictions are compared with these measurements and analyt-
ical model as well. Two of these CFD models, quasi-steady and tran-
sient mesh deformation models, also provide damping and added
mass values. Predictions of damping are very close for both of
these CFD models. Direct and cross-coupled damping are small com-
pared to stiffness values, especially for subsynchronous frequencies.
In all cases, the cross-coupled stiffness values are an order of magni-
tude larger compared to the direct stiffness. Direct stiffness, direct and
cross-coupled damping in this compressor are negligible compared to
typical bearing stiffness. In contrast, the cross-coupled stiftness coef-
ficients may have a major effect on rotordynamic stability.

Prediction of stiffness values using transient mesh deformation
model and transient static eccentric model is more accurate than
the analytical model [44] and the quasi-steady CFD model. The
transient mesh deformation model predicts cross-coupled stiffness
values nearly equal to the experiment. Mortazavi and Palazzolo
[16] also reported less accurate predictions from the quasi-steady
CFD model compared to the transient whirling model for centrifu-
gal pump application.

Rotordynamists in industry often time calculate shroud cross-
coupled stiffness using correlations from Refs. [15,23,44,50,51].
CFD models used in this work are also compared with four such
correlations in Table 6. Predictions from these correlations are far
away from experimental measurements for the tested compressor.
These correlations are designed based on few measurable parame-
ters to do quick hand calculations, and as a result, they are not uni-
versal, accurate, or flexible for all kinds of machinery and operation
regimes. Among tested correlations, only the API-Wachel formula
[15] comes close to quasi-steady CFD model prediction.

Rotordynamic force (F') can be nondimensionalized as

F

Pt
pdsUé%Rézt

®)
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Figure 14 shows a plot of nondimensional tangential force
against eccentricity ratio (¢ = e/C;) for the static eccentric rotor.
Forces reported in this figure are obtained using the transient
static eccentricity CFD model (see Sec. 4.3.2) where the tangential
force is calculated using Eq. (4). The tangential force has a linear
relation with eccentricity for both the eye-labyrinth seal and the
shroud. It validates the linearity assumption of rotordynamic
forces and compliance of the CFD models with the small perturba-
tion theory. Song et al. [20] obtained a similar linear relation in their
experiment as shown in Fig. 14. CFD slightly underpredicts shroud
tangential forces especially at larger eccentricity ratios. At high
eccentricity ratios, the fluid reaction forces can exhibit some nonlin-
earity that cannot be properly predicted by CFD. Such large eccen-
tricities do not occur in a physical machine, and it is a norm to keep
the eccentricity small in CFD in order to follow the small perturba-
tion theory [1,3,9,10]. Please note that the forces plotted in Fig. 14
were obtained using the transient static eccentricity method and
even the predictions in Table 5 using this CFD model (column 5
of Table 5) show small deviations compared to experiment mea-
surement of stiffness values. In Table 5, it was shown that the tran-
sient mesh deformation model (see Sec. 4.3.3) is better in predicting
rotordynamic coefficients and shows an excellent agreement with
the experimental measurements.

The damping predictions cannot be directly benchmarked due to
a lack of experimental data. However, the authors have bench-
marked the transient mesh deformation CFD method against exper-
imental direct and cross-coupled damping coefficients for
centrifugal pump open impeller [10,25], shrouded impeller [16],
and teeth-on-rotor labyrinth seal [47]. In these references, both
the stiffness and damping coefficients match well against experi-
mental measurements.

The difference in results between the three CFD models stems
from their underlying assumptions. The quasi-steady CFD model
has some limitations in terms of transient and non-axisymmetric
effects. Even earlier non-CFD theoretical models [45,46] have
included transient effects that are not considered in the quasi-steady
CFD model.

The transient static eccentricity method does not account
for whirling motion and relies on forces on static eccentricity
(zero whirling frequency) only. Results of this method come
close to the transient mesh deformation CFD model and the
experimental measurements for prediction of the cross-coupled
stiffness.

The deviation in the prediction of the direct stiffness is largely
due to the uncertainties in the front shroud curve. In addition,
spatial and temporal numerical error, RANS turbulence modeling
effects, unidentified surface roughness, numerical sampling dura-
tion/length, and curve fitting error contribute to model deviations.
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5.3 Axisymmetric Pressure. Pressure distribution (P(s, 6)) at
a particular meridional location can be decomposed into the axi-
symmetric mean (Py(s)), and non-axisymmetric perturbation
(8P(s, 6)) as described in Eq. (9).

P(s, 0) = Py (s) + 6P(s, 0) 9)

The mean pressure is the average of circumferential pressures at
the particular meridional location, and it represents pressure due to a
concentric rotor. The mean pressure is nondimensionalized by the
blade exit pressure (P,). Figure 15 presents nondimensional axi-
symmetric pressure versus nondimensional leakage meridional
coordinate (s/Sg,) for frequency ratio Q/w =0.5 obtained utilizing
transient mesh deformation CFD model. Sy, is the length of the
meridional shroud curve. Nondimensional leakage meridional coor-
dinate s/S,, = 0 represents the start of the shroud curve, and s/Sg, = 1
represents the start of the eye-labyrinth seal. s/Sy,>1 represents
meridional position in the eye-labyrinth seal region. The mean pres-
sure drop in the shroud cavity is APg/P4=0.122 which is higher
than that in the eye-labyrinth seal APg.,/P,=0.108. A similar
trend was observed in the experiment [20] as well.

5.4 Non-Axisymmetric Pressure. The pressure difference
between the concentric and eccentric/whirling rotor case is repre-
sented by the non-axisymmetric pressure perturbation. Non-
axisymmetric pressure perturbations for the leakage path whirling
at e=0.1C, and frequency ratio Q/w=0.5 are illustrated in Figs.
16 and 17. Figure 16 shows non-axisymmetric pressure perturbation
as a function of the azimuthal angle at three meridional locations at
the shroud—near the inlet (s/Sg, =0.22), mid-part (s/Sg, =0.56),
and the shroud exit (s/Sg, =0.98). Pressure perturbations inside
the first and second cavities of the eye-labyrinth seal are shown in
Fig. 17. Magnitude of the pressure perturbation is higher in the
shroud cavity than that in the eye-labyrinth seal. This is expected
as the mean pressure is much higher in the shroud cavity. Further-
more, there is no phase shift at various shroud path locations as
illustrated in Fig. 16. However, phase shift is present along the
seal (see Fig. 17). Similar trends were observed in previous exper-
imental work [20,52].

5.5 Swirl Brakes. To enhance system-level stability, slots
have been cut into the shroud stator (casing) to form swirl brakes.
Four different configurations have been utilized. Figure 18 shows
the designs of these swirl brakes and Table 7 provides their dimen-
sions. The first brake is constituted by an axisymmetric slot as
shown in Fig. 18(a). This design relies on sudden expansion of
fluid before the eye-labyrinth seal inlet and this design is referred
to as the “axisymmetric slot” for the remaining part of the paper.
The second swirl brake design contains straight radial slots with
an angle of y = 0 deg as shown in Fig. 18(b). This design is referred
to as “radial slots.” The third set of swirl brakes are straight slots
having a slot angle of y =45deg as shown in Fig. 18(c). These
slots are referred to as “angled slots.” The fourth set of swirl
brakes are aerodynamically shaped slots as shown in Fig. 18(d).
These swirl brakes are referred to as “curved slots.” All brake
designs except the axisymmetric slot have utilized 23 slots. The
design of curved slots is based on negating the average swirl com-
ponent vy at each meridional station along the impeller leakage path.
The CFD solution of the baseline non-whirling case without any
brakes (ideally axisymmetric flow inside the leakage path) is used
to extract the swirl (vp) and meridional (v,;) components of velocity.
The velocity components are averaged along the normal direction to
obtain the mean values. Once the mean values at the discrete merid-
ional locations are known, a smooth profile has been fitted to the
streamline to form the meanline of the swirl brake. The meanline
can be exported to any cap software to create the 3D shape by
giving width and depth to the brake.

Geometry similar to the radial slots has been used before, primar-
ily to reduce axial thrust [35,53]. The usage of radial slots, angled
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Table 5 Comparison of prediction of rotordynamic coefficients

Transient mesh Quasi-steady Transient static Analytical
Parameter Experiment [20] deformation model (CFD) model (CFD) eccentricity (CFD) model [44]
Seal k (N/m) 1.34x 10* (+790.6) 1.34x 10* 1.19x 10* 1.45%x 10* 1.56x 10*
Shroud k (N/m) 3.35x10* (£1976.5) 3.35x10* 2.67x10* 3.87x10* 3.14x10*
Seal K (N/m) —1.40%10% (+141.4) -3.53%x10° -1.60x 10° 2.49%10° 3.91x10°
Shroud K (N/m) —3.54%x 10% (£254.9) -1.12x10° 5.18x 107 -5.71x10° —-7.06% 10°
Seal ¢ (N - s/m) — 2.05 2.58 — —
Shroud ¢ (N - s/m) — 1.85 1.73 — —
Seal C (N - s/m) — 7.58 6.00 — —
Shroud C (N - s/m) — 11.13 9.18 — —
Seal m (kg) — -7.50x107* -4.56x107* — —
Shroud m (kg) — -7.20x107* -539x107* — —
Seal M (kg) — 1.11x107* 3.26x107* — —
Shroud M (kg) — -1.78x107° 7.46x107° — —

Table 6 Comparison of shroud cross-coupling prediction
method

Method k (N/m)

Experiment 3.35x10*
Transient mesh deformation CFD 3.35%x 10*
Transient static eccentricity CFD 3.87x10*
Quasi-steady CFD 2.67x10*
Analytical model [44] 3.14x10*
Alford [51] 8.34x10°
Wachel [50] 1.97x 10*
API-Wachel [15] 2.04x10*
Moore et al. [23] 9.43x10°

slots, and curved slots to improve the rotordynamic stability of the
whole compressor stage is unique. Swirl brake slots act as reservoirs
to trap fluid inside, create free vortices, and thus generate negative
swirl. Since the majority of the inward leakage flows along the
stator, the incoming flow to the seal has reduced swirl levels.

The swirl brakes are discretized using structured mesh generated
in IceM cFD. The quasi-steady model is not appropriate for study of
radial slots and angled slots as it is limited to axisymmetric geom-
etry. The transient static eccentricity model as well is less effective
due to its inability to provide damping and added mass terms. The
transient mesh deformation CFD model has been utilized to analyze
the rotordynamic performance of the compressor stage in presence
of the designed swirl brakes. The swirl ratio is used to quantify the
effectiveness of the brakes in reducing swirl velocities inside the
leakage path. The swirl ratio is defined as

Vo
p=7= (10)
Rw
®  Shroud (Experiment [20]) = — - Shroud (CFD)
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Fig. 14 Nondimensional tangential rotordynamic forces versus
eccentricity ratio (transient static eccentricity CFD)

021039-10 / Vol. 2, 2023

1 N L y r T J T
N -
0.95 | "
< AP,
A Y
= = =Shroud \\
Mo 09 | o Seal S |
o T Eelleril
-9
- Impeller mlet |
nd 2
AP 2% cavity
oslh seal \:~§ .
l 1# cavity/'
.
0.75 : : ‘ : : :
0 0.2 0.4 0.6 0.8 1 12 14
s/S
sh

Fig. 15 Nondimensional axisymmetric pressure distribution
versus nondimensional leakage meridional coordinate (transient
mesh deformation CFD model)

Figure 19 provides the swirl ratio distributions inside the baseline
design and proposed swirl brakes at particular axial locations. All
swirl brake designs except the axisymmetric slot have induced neg-
ative swirl ratios inside the slot cavities. When the fluid’s circumfer-
ential velocity is moving in the opposite direction to the rotor’s spin

1000
s/S, =0.22
S/SSh=0'56
500 - §/S ,=0.98 53
£
= 0r P e
B e
o -

1000 . . . . . . ‘
0 50 100 150 200 250 300 350
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Fig. 16 Pressure perturbation in shroud cavity, Q/0=0.5, e =
0.1C,
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Fig. 17 Pressure perturbation in the eye-labyrinth seal, Q/o =
0.5, e=0.1C,

speed, the swirl ratio turns negative. The presence of negative swirl
ratios reduces the average swirl ratio along the compressor leakage
path. The negative swirl ratio is more pronounced inside the angled
slots as shown in Fig. 19(d). At a particular meridional coordinate
s, swirl ratio varies along the azimuthal angle. Maximum and
average swirl ratios in the shroud and the eye-labyrinth seal have
been plotted against the nondimensional meridional coordinate s/S,
in Figs. 20 and 21. The average swirl ratio is determined by conduct-
ing circumferential averaging at a particular meridional location. The
maximum swirl ratio represents the maximum value at a particular
meridional location. Despite their simple design, radial slots have
achieved the most significant results in reducing both the mean and
maximum swirl ratio inside the shroud and the seal. At the shroud
inlet, the mean swirl ratio is fixed at around 0.55 for all configurations
of swirl brakes. The axisymmetric slot has an insignificant effect
inside the eye-labyrinth seal but reduces both the mean and
maximum swirl ratio inside the front shroud. All other brakes per-
formed better than the axisymmetric slot in reducing both the mean
and maximum swirl ratio inside the shroud and the seal.

The stability of a compressor stage is measured using the param-
eter called WFR f,, [1]. It is defined as

k

fw:% (11)

It is the ratio of destabilizing cross-coupled force to the stabiliz-
ing damping force present in the tangential force. The value marks

(@

Table 7 Swirl brake dimensions

By (mm) by (mm) b, (mm) L (mm) v (deg)

10 15.87 2.5 2.67 0, 45

Swir(l] Egtio ( a)

0.81
0.68
0.54

041
0.27
0.13
-0.00
-0.14
-0.27
-0.41

Fig. 19 Plot of swirl ratio for different swirl brake designs:
(a) baseline design, (b) axisymmetric slot, (c) radial slots,
(d) angled slots, and (e) curved slots

the frequency ratio that destabilizing and stabilizing tangential
forces equate; therefore, a smaller f,, value is favorable for stability.
Since f, is correlated with the trapped fluid velocity inside the
leakage path, a lower swirl ratio yields a lower WFR.

Table 8 lists the CFD predicted rotordynamic performance for the
baseline design (no swirl brake) and the proposed swirl brakes. All
proposed swirl brakes except the axisymmetric slot have reduced
destabilizing cross-coupled stiffness & for both the shroud and the
seal. Seal k and shroud k are minimums in the presence of radial
slots as this configuration has reduced swirl ratio the most. Direct
stiffness K has been increased for all swirl brake designs and
shroud direct stiffness has become positive (stabilizing) for the
angled slots and the curved slots. The presence of swirl brakes

Fig. 18 Swirl brake designs: (a) axisymmetric slot, (b) radial slots, (c) angled slots, and (d) curved slots
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Fig. 21 Maximum swirl ratio within the leakage path

increases the effective clearance of the leakage path which results in
smaller damping and mass coefficients. The reduction of swirl ratio
along with the increase of effective clearance has caused a reduction
of cross-coupled stiffness and an increase in direct stiffness. Fur-
thermore, the brake slots reduce the average swirl inside the
shroud cavity, diminishing dynamic pressure and raising static pres-
sure. This effect partially increases seal direct stiffness by imposing
a larger pressure differential across the seal and reinforcing the

Lomakin effect. A well-designed swirl brake will stabilize the
system by reducing the cross-coupled stiffness more than it will
reduce the system’s direct damping. Added mass and cross-coupled
damping terms are not included in Table 8, as their values are small
for all configurations tested.

All four of the designed swirl brakes have altered the WFR of
both the front shroud and the eye-labyrinth seal. Isolated
component-level models cannot resolve the flow physics and rotor-
dynamic performance of such brakes. Hence, the system-level mod-
eling approach is essential for the design and analysis of effective
swirl control features.

The radial slots have lowered the whirl frequency ratio f,, signif-
icantly for both the shroud and the eye-labyrinth seal. This is the
best system-level swirl brake design among the designs studied
for the rotordynamic stability of this particular compressor at the
specified operating conditions. The performance of the angled
slots and curved slots in stabilizing the system is also close to
that of the radial slots as shown in Table 8. The axisymmetric
slot has meaningfully improved WEFR for the shroud, but the seal
WEFR has not benefited from this design compared to the baseline
design.

Leakage reduction is one of the primary goals of labyrinth seals.
The radial slots caused the seal to leak 16% more because they
increased the pressure ratio of the seal. Hence, there is a trade-off
between rotordynamic stability and seal leakage performance. In
this study, the leakage rate for all proposed swirl brake designs is
less than 3% of the compressor mass flow. The radial slots are
the most stable while they also have the highest leakage rate
among all designs. The slot height can be optimized to reduce the
leakage to some extent. Disk friction loss and leakage poser loss
were calculated for all swirl brake designs to assess their impact
on compressor efficiency. Leakage loss is the work lost due to the
leakage flow short-circuiting to impeller entrance not passing
through the primary flow passage which has to be pressurized
again. It is calculated using Eq. (12) where P is the leakage loss,
H is fluid total enthalpy, 7y is the leakage mass flowrate, and w
is the compressor total power. Disk friction loss arises from the
fluid flowing through the rotating seal and shroud faces and the sta-
tionary casing. As the rotor rotates, friction is generated between the
rotoring surface and the fluid medium surrounding it. Disk friction
loss is the power required to overcome this friction. This is an
important loss function for the design of high-speed turbomachines
and is calculated according to Eq. (13). Here Py is the disk friction
loss, T gisk is the torque of the rotating surfaces, w is the impeller
rotating speed, and W is the compressor total power. As shown in
Table 8, the leakage power loss and disk friction loss of all proposed
swirl brake designs are very close to those of the baseline design.
Any swirl brake designs proposed in this study exhibit less than
3% leakage loss and less than 1% disk friction loss. These swirl
brakes do not have any drastic negative impact on the overall

Table 8 Rotordynamic performance of the designed swirl brakes (transient mesh deformation CFD model)

Parameter Original geometry Axisymmetric slot Radial slots Angled slots Curved slots
No. of slots 0 1 23 23 23

Shroud k (N/m) 3.35x10* 1.10x 10* 7.66x 10° 8.63x 10° 8.47x10°
Seal k (N/m) 1.34x10* 7.31%x10° 5.22x10° 5.67x10° 5.87x10°
Shroud K (N/m) -1.12x10° -1.42x10° -0.93x10° 0.44x10° 0.50x 10°
Seal K (N/m) -3.53%x10° -1.32x10° -0.99x10° —0.51x10° —0.46x10°
Shroud C (N - s/m) 11.13 53 4.35 443 4.59

Seal C (N - s/m) 7.58 4.07 3.75 3.77 3.85
Shroud £, 0.8 0.55 0.47 0.52 0.49

Seal f,, 0.47 0.48 0.37 0.40 0.40
Combined f,, 0.66 0.52 0.42 0.46 0.45

iy (kg/s) 1.34x1072 1.40x 1072 1.54%1072 1.49x 1072 1.44x1072
Vo7 (m/s) 168.42 100.98 67.63 80.68 84.61

P (%) 242 2.53 278 2.70 2.59

Par (%) 0.80 0.81 0.95 0.90 0.84

021039-12 / Vol

. 2,2023

Transactions of the ASME

€20z 1snbny 60 uo 1senb Aq ypd'6£0120 ¢ ol0B/EY1 220./7E6290% L/SLLL 0L/Iop/pd-some/Bunssuibusuado/bio-swse: uonos|joojenbipawse;/:dpy woly pepeojumoq



performance of the compressor. These swirl brakes have no signifi-
cant negative impact on the compressor’s overall performance, par-
ticularly in terms of leakage losses and disk friction losses. The
maximum Mach number within the seal and shroud was about
0.76 for any of the proposed swirl brake design and the baseline
design.

im(Hy — H-
Plzml( 4W 2) (12)
Tis
Par = %}ka’ (13)

6 Conclusion

The system-level analysis of centrifugal compressor rotordy-
namics incorporating all upstream and downstream flow compo-
nents has been done by employing CFD. crTrurBo was employed
to provide unavailable geometric features of the shrouded centrifu-
gal compressor by Song et al. [20]. The performance of the rede-
signed impeller matches very well with the design point. Three
different CFD models, namely, quasi-steady, transient static eccen-
tricity, and transient mesh deformation models, were utilized to
predict rotordynamic coefficients. The transient mesh deformation
CFD model numerically imposes the whirling motion on the rotor
and yields damping and added mass coefficients, along with stiff-
ness coefficients. This CFD model performs better than the other
CFD models and the analytical model [44] from the literature.
The transient static eccentricity CFD model requires only a single
transient simulation, and its stiffness prediction is superior to the
quasi-steady CFD model and the analytical model. The quasi-steady
CFD model results were not as accurate as those of the other CFD
models, but its stiffness prediction was near the experimental mea-
surements. Axisymmetric mean pressure and non-axisymmetric
pressure perturbation inside the whirling eye-labyrinth seal and
the front shroud were predicted with the transient mesh deformation
CFD model. The rotordynamic forces have no phase shift inside the
front shroud while they experience a phase shift inside the eye-
labyrinth seal.

The test compressor cross-coupled stiffness magnitude is one
order higher than direct stiffness, for both the eye-labyrinth seal
and the front cavity. The cross-coupled stiffness of the front
shroud cavity is higher than that of the eye-labyrinth seal. Thus, sta-
bility analysis requires a system-level analysis of the compressor
rather than an isolated seal model. Compressor system-level analy-
sis also facilitates accurate resolution of seal pre-swirl ratio and
pressure field. System-level analysis minimizes uncertainty in com-
pressor stability prediction even when the front cavity cross-
coupled stiffness is insignificant.

Four novel swirl brakes are designed to reduce swirl velocities
inside the leakage path. Radial slots cut at the shroud stator is the
system-level swirl brake that improves the stabilizing characteristics
of both the shroud and the seal. The radial slots have reduced the
WER of the front shroud and the eye-labyrinth seal by 41% and
21% respectively.

To develop a cohesive theory on the rotordynamics of shrouded
centrifugal compressors, more studies are required. The test com-
pressor has a small pressure ratio, and system-level analysis needs
to be conducted on large pressure ratio and high-speed shrouded
centrifugal compressors. The system-level analysis should be
applied to sCO, compressors to understand the implication of
high fluid density over shroud dynamic forces and determine the
relative significance of shroud forces in these systems. The
dynamic behavior of an impeller, seals, and front shroud becomes
more important as the compressor head increases and pressure
around the impeller and the rotor assembly increase. Isolated com-
ponent models are inadequate to resolve system-level swirl
brakes performance gain. The system-level modeling approach is
essential for the design and analysis of sophisticated swirl control
features.
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Nomenclature

width (mm)

cross-coupled damping coefficients (N - s/m)
eccentricity (mm)

seal tooth height (mm)

cross-coupled stiffness (N/m)

cross-coupled added mass (kg)

rotor spin speed (rpm)

leakage meridional coordinate (mm)
number of seal teeth

direct damping (N - s/m)

diameter (mm)

force (N)

total enthalpy (J)

direct stiffness (N/m)

direct added mass (kg)

number of impeller blades

pressure (kPa)

radius (mm)

fluid velocity (m/s)

mass flowrate (kg/s)

nondimensional force

compressor power (W)

axisymmetric slot (swirl brake) width (mm)
height of the radial, angled, and curved slots (mm)
whirl frequency ratio

axisymmetric slot (swirl brake) height (mm)
inlet total pressure (kPa)

circumferential velocity (m/s)

seal radial clearance (mm)

N S T T Sy O x v ZERT 0O s T msa o

Ceir = effective damping (N - s/m)

K. = effective stiffness (N/m)

L. = distance of swirl brake from seal inlet (mm)
L, = seal pitch (mm)

Ly, = shroud axial length (mm)

N, = number of elements in the CFD grid

Ssn = length of the meridional shroud curve (mm)
T, = temperature ratio

T = inlet total temperature (°C)

T aisk = leakage path (seal and shroud) torque (N - m)

ry = leakage mass flowrate (kg/s)

Vmr = meridional velocity

2http:/en.cfturbo.com/

*https:/hpre.tamu.edu/
4htlp://turbolab.lamu.edu/lrc/
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Vg = average circumferential velocity (m/s)
‘H = step function
P; = leakage power loss (%)

Py = disk friction loss (%)

= tooth angle (deg)

= swirl ratio

mesh displacement (mm)

= non-axisymmetric pressure perturbation (Pa)

eccentricity ratio

efficiency

azimuthal coordinate (deg)

pressure ratio

density (kg/m?)

angular speed of rotor spin (rad/s)

angular speed of rotor whirl (rad/s)

=2
V™R
I ]

Oexs dox o
1]

Subscripts

= upstream
impeller nut inlet
impeller inlet, impeller nut exit
blade inlet
blade exit
diffuser inlet
shroud inlet
seal inlet, shroud exit
seal exit
design point
mean value
rotor
= discharge
= maximum value
sh = front shroud
n, t = normal and tangential directions in the whirling frame
x, y = x and y directions in the stationary frame

S L Boawuaoubhwo—o
]

=
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