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Squeeze Film Damper
Suppression of Thermal
Bow-Morton Effect Instability
The Morton effect (ME) is a synchronous vibration problem in turbomachinery caused by
the nonuniform viscous heating around the journal circumference, and its resultant ther-
mal bow (TB) and ensuing synchronous vibration. This paper treats the unconventional
application of the SFD for the mitigation of ME-induced vibration. Installing a properly
designed squeeze film damper (SFD) may change the rotor’s critical speed location,
damping, and deflection shape, and thereby suppress the vibration caused by the ME.
The effectiveness of the SFD on suppressing the ME is tested via linear and nonlinear
simulation studies employing a three-dimensional (3D) thermohydrodynamic (THD) tilt-
ing pad journal bearing (TJPB), and a flexible, Euler beam rotor model. The example
rotor model is for a compressor that experimentally exhibited an unacceptable vibration
level along with significant journal differential heating near 8000 rpm. The SFD model
includes fluid inertia and is installed on the nondrive end bearing location where the
asymmetric viscous heating of the journal is highest. The influence of SFD cage stiffness
is evaluated. [DOI: 10.1115/1.4048602]

Introduction

Synchronous orbiting of a journal induces differential heating
around the journal circumference, on a shaft supported by hydro-
dynamic bearings. The asymmetric heating may lead to a thermal
bow (TB), which causes an increased inertial (imbalance) force
applied to the system. This excitation will produce an increased
vibration level and subsequently more asymmetric differential
heating, which was the cause of the thermal bow. The positive
feedback formed by the differential journal heating, the bow, and
the vibration may drive the rotor to a condition with unacceptable
vibration levels, and this phenomenon is referred to as the Morton
effect (ME). The ME has been more frequently observed in the
modern turbomachinery with an increasing demand for high-
speed and load operation [1,2].

De-Jongh and Hoeven [3] observed ME instability in an over-
hung rotor, which showed a high vibration level caused by journal
differential heating. Keogh and Morton [4] developed a simple
analysis model with short bearing theory and an isoviscous model
to investigate the ME. Lee and Palazzolo [5] employed a finite
element method (FEM) to develop a multiphysics model incorpo-
rating a variable viscosity Reynolds and energy equations. Suh
and Palazzolo [6–9] and Tong et al. [10–13] advanced the ME
prediction model with a three-dimensional (3D) thermo-
elastohydrodynamic tilting pad journal bearing (TPJB), distrib-
uted thermal bow and a double overhung rotor configuration, and
the application of the ME to gas journal bearings. Tong and Palaz-
zolo [14] built a test rig to measure the journal differential heating
and validated the accuracy of the high-fidelity ME prediction
model in Refs. [10–13] by comparing it with measured journal
temperatures.

Squeeze film dampers (SFD) are widely used to enhance the
stability of a rotor–bearing system and suppress vibration by pro-
viding viscous damping. Leader et al. [15] and Edney and Nicho-
las [16] examined steam turbines experiencing high synchronous
vibration and mitigated the vibration utilizing SFD in series with
TPJBs. Kanki et al. [17] investigated a steam turbine exhibiting
subsynchronous vibration and overcame the instability by instal-
ling SFD at the bearing. Ferraro et al. [18] and Ertas et al. [19]

adopted an integral SFD (ISFD) to suppress the subsynchronous
vibration of steam turbines. The ISFD alleviated the vibration and
provided stable operation of the rotor.

The effects of SFD parameters such as damping properties and
cage stiffness on the rotor vibration were presented in the litera-
ture. Gunter et al. [20] demonstrated an optimum damping value
for rotor-bearing systems, which depends on the rotor’s stiffness
ratio between the bearing support and the shaft bending stiffness.
Chu and Homes [21] examined the effect of cage stiffness and
SFD damping on the location of the critical speed and vibration
level, both theoretically and experimentally.

The SFD is commonly equipped with a supply groove for suffi-
cient lubricant flow into the film gap. The added mass induced by
the groove has a substantial influence on the dynamic response of
a grooved SFD and has been analyzed extensively [22–24]. The
force coefficients of SFD with a central groove were experimen-
tally verified in Refs. [25–28]. Delgado and San Andres [29,30]
presented a linear fluid inertia bulk flow model for the analysis of
the centrally grooved SFD. An effective clearance ratio was
adopted based on the measured data from the test rig to replace
the actual groove clearance. Linear analysis, which uses linearized
stiffness and damping coefficients, maintains its accuracy when
the shaft whirling motion is relatively small.

Retrofitting of an existing bearing to install a SFD would
depend on the original bearing support structure. Quite often, the
bearing housing is cylindrical in shape and slides into a mating
hole in the machinery casing. The hole may be split or continuous
depending on the design of the machine. Installation of the SFD
would then require increasing the bore diameter of the hole to pro-
vide for the oil gap of the SFD. In addition, modifications for seal-
ing the SFD with O-rings or by another means or collecting the oil
in the case of an open-ended SFD, would be required. This
approach will minimize the need for a larger envelope for the
bearing modified to include the SFD.

Simulation of a rotor-journal bearing system under a high
dynamic loading condition requires a nonlinear simulation for
accurate prediction. Bonello et al. [31] studied the interaction
between the SFD and flexible rotor based on a harmonic balance
method and found that the cavitation effect increases with higher
static eccentricity of the SFD and affects the damping capability
of the SFD. He [32] utilized an improved harmonic balance
method to analyze the flexible rotor with a SFD. Cao et al. [33]
simulated the nonlinear short SFD model in series with a fluid
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film bearing and applied this to a coupled lateral–torsional rotor
system. The nonlinear time transient solutions were obtained via
the Runge–Kutta method.

Measures to suppress the ME vibration have been limited to
changing rotor-bearing parameters such as bearing radial clear-
ance, bearing length, overhung mass, etc. To the best of our
knowledge, there has not been any published study regarding the
potential of SFD for suppressing the ME. This paper presents a
computational study of the ME instability and its suppression by
including the SFD in series with a TPJB. A linear response study
was conducted in order to provide conventional rotordynamic
response as part of a complete description of the example rotor
system. Simulated results demonstrate that installing a properly
designed squeeze film damper shifts the critical speed and alters
the deflection shape of a rotor, which may help attenuate the ME
vibration. The present work employs a finite element-based SFD
model including the inertia effect from a central groove [34],
which is similar to the linear bulk-flow model in Refs. [29] and
[30]. The multiphysics ME simulation model includes 3D thermo-
hydrodynamic (THD) models of the fluid film, and 3D solid FEM
bearing and journal thermal and structural models and flexible
shaft dynamics models as similar to [35,36]. Both linear and non-
linear transient simulations are performed to compare the rotor
dynamic performances and journal temperature differential with
and without the SFD. The linear analysis confirms the shift of crit-
ical speed, damping ratio, and the modified mode shape due to the
SFD. Optimal parameters of SFD are developed that substantially
attenuate the ME vibration in nonlinear simulations.

Modeling and Morton Effect Prediction Algorithms

Centrally Grooved Squeeze Film Damper. The Reynolds
equation (RE) for an incompressible lubricant is employed to
obtain the fluid pressure distribution in the SFD film. The RE
combines the momentum and fluid continuity equations into the
partial differential equation
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where RJ and lD denote the radius of the SFD journal and the vis-
cosity of the lubricant, respectively. The term RJxJ

2
@hD

@h is set to
zero for the force calculation of the SFD since its bearing housing
is normally fixed in the circumferential direction with an antirota-
tion pin or a cage to prevent the bearing housing rotation. In
Fig. 1, xJ and yJ are the bearing housing center displacement with
respect to the SFD center OD.

The film thickness of the fluid and its derivative are expressed
as

hD hDð Þ ¼ CD � xJ cos hD � yJ sin hD

@hD hDð Þ
@t

¼ � _xJ cos hD � _yJ sin hD

(2)

where CD represents the SFD radial clearance and hD denotes the
circumferential coordinate of the SFD lubricant.

The finite element level form of the Reynolds equation is repre-
sented as

KEPE ¼ SE þ IE (3)

where KEð Þik ¼
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The damping source term is SEð Þi ¼ hDE=@tð Þ
Ð
XNidxdy, and the

fluid inertia term is IEð Þi ¼
qDh2

DE

12l
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Triangular simplex finite elements interpolate the two-
dimensional film pressure distribution and are expressed with
shape functions and node pressure vectors as

p x; yð Þ ¼ NTPE

NT ¼ N1;N2;N3ð Þ
PT

E ¼ P1E;P2E;P3Eð Þ
(4)

Values obtained from the current model are compared in Fig. 2
with results from Ref. [29], which are based on a linear bulk flow
model. The schematic showing the series combination of the jour-
nal, tilting pads, TPJB housing, SFD film, and outer SFD housing
is shown in Fig. 3. The groove geometry of the SFD including the
inlet groove depth (dI) and film clearance (CD) used in Fig. 2 is
also illustrated in the figure. The SFD parameter values, including
the pressure boundary conditions, inlet/outlet groove length, and
effective groove/film clearance from Ref. [29] are applied to the
current model. The compared result shows good agreement
between the two models.

The instantaneous reaction force applied to the bearing housing
is obtained by integrating the pressure distribution. Considering
the half symmetry of the lubricant, the bearing housing reaction
force becomes

FD ¼
FDx

FDy

� �
¼ 2

ðL=2

0

ðp

�p
p

cos hD

sin hD

� �
dhDdzD (5)

Note that the lubricant temperature variation of the SFD is
assumed negligible in the example rotor system because the SFD
is prevented from rotation with a cage. In addition, the initial SFD
lubricant temperature is assumed to be the same as the TPJB sup-
ply oil temperature, and therefore temperature change in the SFD
lubricant caused by the supply oil and thermal structures of SFD/
TPJB housings are not considered in this study.

Tilting Pad Journal Bearing Model. Accurate prediction of
the ME phenomenon requires a high-fidelity THD TPJB model.
The generalized Reynolds equation for an incompressible fluid
with variable lubricant viscosity and negligible fluid inertia/shaft
curvature is employed [6,7]. The temperature-dependent variable
viscosity is obtained from the calculated film temperature distribu-
tion and the viscosity–temperature relation

l ¼ l0e�a T�T0ð Þ (6)

where l0, T0, and a are the reference viscosity, film temperature,
and the viscosity coefficient, respectively, and the film tempera-
ture T is obtained by solving the energy equation.

A cylindrical pivot with angular pad tilting and pivot transla-
tional motions are included in the current analysis. The film thick-
ness formula for the cylindrical pivot is

Fig. 1 Axial midplane of SFD
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h h; zð Þ ¼ CP � êx cos hð Þ � êy sin hð Þ
� CP � Cbð Þcos h� hPð Þ � dtiltR sin h� hPð Þ
�hshaft:TE h; zð Þ � hpad:TE h; zð Þ (7)

where

êx ¼ ex � ypvt cos hp; êy ¼ ey � ypvt sin hp:

and CP, Cb, z, R, h, and hP represent pad and bearing radial clear-
ance, film’s axial coordinate, journal radius, bearing circumferen-
tial coordinate and pad pivot position, respectively. Note that the
film thickness formula considers the asymmetric thermal expan-
sion of the journal (hshaft:TE) and pad (hpad:TE) and pivot deforma-
tion caused by the load on pads.

The dynamic equations of the cylindrical pivot TPJB pads are

Mi
pad€ypvt ¼ �Kpypvt þ Fi

pad

Ii
tilt

€dtilt ¼ Ni
tilt

(8)

where i denotes the pad number, and Mi
pad, Ii

tilt, Fi
pad, and Ni

tilt are

the mass and the tilting inertia of a pad, the fluid film force and
the tilting moments applied to a pad, respectively.

Thermal Models. The energy equation to calculate the 3D tem-
perature distribution T across the fluid film is
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where q, c, k, u, w are density, specific heat capacity, thermal con-
ductivity, circumferential, and axial velocities, respectively. Equa-
tion (9) is solved using 3D, eight-node isoparametric finite
elements along with an up-winding scheme [8,9] to prevent spatial
oscillations from the convective term.

The Laplace equation is solved using 3D eight-node isopara-
metric finite elements to predict the temperature distributions of
the journal and pads, and its discrete form is

C½ � _T½ � þ K½ � T½ � ¼ F½ � (10)

where F is time-varying thermal load updated with the thermal
solutions of the rotor-bearing system. The time-transient solution
of Eq. (10) is obtained via numerical integration [8,9]. The heat
conduction of the tilting pads and shaft are considered to calculate
the pad and shaft temperature distributions. The transient simula-
tion is conducted with the FE model of the pads and shaft includ-
ing their thermal masses, and with convection boundary
conditions applied as explained in Fig. 4.

Accurate prediction of the thermal bow amplitude and its phase
is critical to accurately determine ME occurrences. The hybrid
beam-solid method used in Ref. [10] is adopted to determine the
deformations resulting from the differential heating in the journal
while using the computational efficiency of beam finite elements.
The calculated thermal bow in the rotating reference frame is con-
verted into the dynamic excitation in the inertial frame equations
of motion.

Fig. 2 Comparison of (a) damping and (b) added mass coefficient with Ref. [29]

Fig. 3 Schematics of series combination of TPJB and SFD and
SFD groove geometry (not to scale)

Fig. 4 Thermal boundary conditions on TPJB pads and shaft
outer surfaces
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Thermal boundary conditions are imposed on the two interfaces
(fluid-pad and journal-fluid), pad surfaces, and four outer surfaces
of the shaft exposed to atmosphere, as shown in Fig. 4. Tempera-
ture boundary conditions are applied to the two interfaces. Note
that the thermal conditions need to be applied in the rotating
frame for the journal surface mesh, and it is continuously re-
oriented in the transient simulation. Table 1 indicates the thermal
boundary conditions applied to the surfaces of TPJB pad and
shaft. The convection coefficient of 50 W=m2K is used for all the
surfaces contacting supply oil (supply oil temperature of 50 �C)
and 30 W=m2K is used for all the surfaces in contact with air
(room temperature of 30 �C). Note that a convective boundary
condition with supply oil temperature of 50 �C is applied to the
back of the tilting pads. The model for the pad inlet boundary tem-
perature is adopted from mixing theory in Refs. [6] and [7]. The
axial length of the solid and thermal finite element models is
seven times the journal length. This specific length is determined
from the simulation that induces a negligible change in tempera-
ture calculated by the much longer length of the finite element
model.

Flexible Rotor With Squeeze Film Damper in Series With a
Tilting Pad Journal Bearing. The rotor configuration with a sin-
gle overhung mass at the nondrive side (NDE) is shown in Fig. 5.

The flexible, lateral rotordynamics, Euler beam-based model of
the rotating assembly is represented as

_U½ � ¼ D½ � U½ � þ F½ � (11)

where U½ �¼
_Z
Z

� 	
, D½ �¼ �M�1

ro Cro �M�1
ro Kro

1 0

� 	
, F½ �¼ M�1

ro Fro

0

� 	
.

U, Mro, Cro and Kro are the state variable vector and
mass/damping/stiffness matrices of the system, Fro is the force
vector including gravity, fluidic forces FB;x;y from the TPJB,
imbalance excitation, and dynamic forces induced by thermal
bow. This equation is diagonalized using the right and left eigen-
vectors and modal reduction. For computational economy, only
the modes having frequencies below five times the running speed
were employed in the simulation.

The SFD dynamic model including the TPJB housing mass,
cage spring stiffness, and nonlinear SFD force is included as

MD 0

0 MD

" #
€xD

€yD

" #
¼�

KDx 0

0 KDy

" #
xD

yD

" #
þ

FDxþMDx�FBx

FDyþMDy�FBy

" #

(12)

where xD and yD denotes the x and y displacements of the TPJB
housing. MD, KDx, KDy, FD;x;y, FB;x;y, MDx, and MD represent the
TPJB housing mass, cage stiffness in x and y directions, and the
transient SFD damping/added mass force and transient TPJB force
in the x and y directions. Note that the TPJB force FB;x;y is the
sum of each pad force Fi

pad in Eq. (8).
The coupling between the TPJB and SFD models was achieved

by subtracting the TPJB housing displacement xD and yD from the
journal displacement of the TPJB in Eq. (11), and incorporating

the TPJB force FB;x;y into Eq. (12). The whole rotor-bearing-SFD
model consists of the TPJB dynamic equation Eq. (8), flexible
rotor dynamic equation Eq. (11), and the SFD dynamic equation
Eq. (12). The lowest 20 modes of the rotor are retained and used
for numerical integration. The three dynamic equations are
coupled with each other and solved simultaneously to investigate
the SFD effect on the ME suppression.

Morton Effect Prediction Algorithm. The flow diagram rep-
resenting the ME prediction algorithm is in Fig. 6. The initial con-
ditions for the rotor-bearing-SFD dynamic states, the temperature
distribution of fluid film/shaft-bearing structures, and the initial
thermal bow amplitude are specified at the first step. Then the
time-transient solution of the rotor-bearing-SFD system is
obtained via numerical integration based on Eq. (1), (2), (5)–(8),
(11), and (12) until all the rotor orbits decay to steady-state

Table 1 Thermal boundary conditions on pad and shaft

Region Surface Description BC types

9 S1, S4 Lateral ends Convection with oil at supply oil temperature
S2 Pad-film interface Prescribed temperature and heat flux from film surface

S3, S5 Axial ends Convection with oil at supply oil temperature
S6 Radial out Convection with oil at supply oil temperature

Shaft S7, S11 Axial ends Prescribed temperature at room temperature
S8, S10 Radial surfaces Convection with air at room temperature

S9 Journal-film interface Prescribed temperature and heat flux from film surface

Fig. 5 Example rotor-bearing-SFD configuration

Fig. 6 ME prediction algorithm
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conditions. Convergence is considered to have occurred only after
the orbits at all rotor nodes in the model have converged. The
energy equation is solved 40 times per each orbit cycle for compu-
tational efficiency, and the lubricant viscosity obtained from the
previous step is updated at the next step (updated 40 times per one
orbit cycle). The number 40 is based on many simulation results,
which showed a negligible difference by using a larger number of
steps. Transient thermal states of the bearing-shaft structures are
calculated based on Eqs. (9) and (10), after the orbit convergence
is ensured. A staggered–time-integration technique is employed
[8,9] for faster simulation, without deteriorating accuracy, since
the thermal and vibration related time constants are greatly differ-
ent in the rotordynamic model.

The steady-state simulation results presented in the following
section are also obtained from the transient simulation method
explained above. The simulation initiates from the lowest speed
of interest and continues until either dynamic/thermal steady-state
or rubbing (induced by the ME) occurs. Then, the process starts
again at the next higher speed. The linear method estimates linear-
ized stiffness and damping coefficients of the bearings and incor-
porates them into the matrix of the Euler beam rotor to formulate
the system matrix, and the linear method is used for the calcula-
tion of critical speed and unbalance response of the system.

Simulation Results

The rotor configuration with a single overhung mass at the non-
drive side (NDE) was shown in Fig. 5. The imbalance mass has a
magnitude of 135 g mm and is located at node 18 in the figure.
The ball bearing at node 4 has linear stiffness and damping values
of 1:7� 108 N/m and 1� 105 N s/m, respectively, and these val-
ues are assumed invariant with operating speed. The parameters
of the TPJB with five pads with a load-on-pad and the SFD at
node 12 are given in Table 2. The thermal boundary conditions on
the pad and shaft surfaces are also listed in the table. The mesh
size of the FEM for the thermal and temperature prediction is
selected as 40� 7� 17 (circumferential, radial, and axial direc-
tions) for shaft, and 15� 10� 10 (per one pad) for the Reynolds
equation lubricant film and 15� 10� 10 (per one pad) for the
energy equation solver (pad and film). A convergence test with
the current mesh size was conducted with three times the current
mesh size, and the results showed good agreement with the pre-
sented predictions. The mesh size of the squeeze film is 40� 15
(circumferential and axial directions). This size is chosen by grad-
ually increasing the mesh size until the SFD force converges. For
the numerical integration of the rotor-bearing-SFD system, the

Newmark-beta method is employed with 1000-time steps per one
shaft rotation.

Linear Analysis. A linear analysis has been conducted for a
more complete description of the example rotor system prior to
the nonlinear ME simulation. Note that the method used for the
linear analysis is not a linear ME analysis, but a conventional
method using linearized dynamic coefficients to calculate the crit-
ical speed and unbalance response. Figure 7 shows the Campbell
diagram of the rotor-bearing system with and without the SFD
using 1� 108 N/m cage stiffness and nominal parameters in
Table 2. The damped first forward critical speed of both cases is
found at 7644 rpm for no SFD case and 8708 rpm for with SFD
case. It is sometimes noted that the ME occurs mainly when the
rotor speed is near the rotor’s first bending mode [1,2]. This is not
always the case, so care must be exercised to search a far wider
speed range when designing to prevent the ME. The ME does
occur near the critical speed in the example presented, and an
increase in the critical speed may help expand the operating speed
range being free from the ME vibration.

The bending mode corresponding to the first forward critical
speed without SFD in Fig. 7 is illustrated in Fig. 8.

Table 3 Parameter values for the example system

Lubricant parameters Bearing parameters

Viscosity at 50 �C (N s/m2) 0.0203 Pad type Load on pad
Viscosity coefficients (1/�C) 0.031 No. pads 5
Supply temperature (�C) 50 Radius of shaft (m) 0.0508
Inlet pressure (Pa)) 1.32� 105 Bearing clearance (lm) 74.9
Reference temperature (�C) 50 Preload 0.5

Shaft parameters Bearing length(m) 0.0508
Heat capacity (J/kg �C) 453.6 Thermal expansion coefficient (1/�C) 1.3� 10�5

Heat conductivity (W/mK) 50 Reference temperature (�C) 25
Thermal expansion coefficient (1/�C) 1.22� 10�5 Linear ball bearing
Reference temperature (�C) 25 Kxx, Kyy (N/m) 1.7� 108

Thermal rotor length (m) 0.3508 Cxx, Cyy (N s/m) 1.0� 105

SFD parameters
TPJB housing mass (kg) 4 Length (m) 0.0508
Diameter (m) 0.15 Clearance (lm) 100
Viscosity (Pa � s) 0.03 Fluid density (kg=m3) 865
Cage spring stiffness (N=m) 1� 108�8� 108 Effective groove clearance ratio 20
Inlet groove length (m) 0.0063 Outlet groove length (m) 0.0041

Fig. 7 Campbell diagram of rotors with SFD and without SFD
(no SFD indicates rigidly mounted TPJB)
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Figure 9 illustrates the deflection shape based on unbalance
response of both cases at each critical speed. With the SFD
included, the vibration amplitudes at the bearing and the NDE
rotor-end nodes have been reduced compared with no SFD case.

In Fig. 10, the SFD cage stiffness values are varied from
1� 108 N/m to 8� 108 N/m while other SFD parameters are
fixed. The figure illustrates the damped first forward critical speed

and TPJB housing eccentricities of the SFD with different cage
stiffness. The model of the SFD including the cage stiffness
assumes that the TPJB bearing housing is centered in the SFD
when the bearing load is zero. The bearing load causes the TPJB
bearing housing to become slightly eccentric in the SFD when the
actual static bearing load is applied. The eccentricity remains very
small (<0.2) for all cage stiffness values examined. The SFD
damping and inertia coefficients remain nearly constant for this
eccentricity range; therefore, the effects of the small eccentricity
can be ignored. In the figure, the first forward critical speed shows
decreased values with increasing stiffness as opposed to the com-
mon conception that high stiffness value leads to an increase in
the system’s natural frequency.

The trend of decreasing critical speed with higher stiffness is
consistent with the observation in Ref. [32]. Note that an increase
in the cage stiffness shifts the rotor’s critical speed near the criti-
cal speed without SFD (7644 rpm) in Fig. 7.

Figure 11 shows the damping ratio and damping coefficient var-
iation with different cage stiffness. The damping ratio increases
from the lowest value of 1� 108 N/m to 4� 108 N/m and slightly
decreases with a further increase to 8� 108 N/m.

Figure 12 depicts the unbalance responses at the bearing and
rotor-end via linear analysis. While the higher vibration level at
the NDE rotor-end appears with the lower stiffness in Fig. 12(a),
the vibration at the bearing location increases with the stiffer cage
in Fig. 12(b).

In Fig. 13, the journal surface DT of the rotor with different
cage stiffness is presented based on nonlinear transient simulation,
which calculates the instantaneous TPJB bearing and SFD forces
at each time-step. The thermal bow effect is not included in all
cases for comparison purposes. In the figure, an increase in cage
stiffness induces more journal DT (the journal DT is calculated by
subtracting the minimum temperature value on the journal surface
from the maximum value at the bearing midplane). The results in
Fig. 12(b) and 13 imply that for this example, increasing cage
stiffness increases the vibration amplitude at the journal, which in
turn increases journal DT.

This part presents the linear analysis with varying radial clear-
ance and lubricant viscosity of the SFD and investigates the opti-
mal parameters of the SFD in terms of vibration suppression. The
nominal parameters in Table 2 and 1� 108 N/m cage stiffness is
used for simulation.

The map in Fig. 14(a) shows a high damping ratio region where
the SFD radial clearance ranges from 100 lm to 150 lm. Figure
14(b) shows the corresponding damping coefficient map obtained
via identical parameter variation. Note that the highest damping

Fig. 8 Bending mode of the example rotor at 7644 rpm

Fig. 9 Distribution of unbalance response amplitudes along
the length of the rotor for with and without SFD cases (no SFD
indicates rigidly mounted TPJB)

Fig. 10 Linear analysis: damped first forward critical speed
and TPJB housing eccentricity ratio

Fig. 11 Linear analysis: damping ratio and damping coeffi-
cient change with different SFD cage stiffness
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coefficient of 7:56� 105 N s/m with 100 lm radial clearance and
0.03 Pa�s lubricant viscosity leads to the lowest damping ratio of
0.11 in Fig. 14(a). The damping coefficient values corresponding
to the high damping ratio range from 2� 105 N s/m to 2:5� 105

N s/m in Fig. 14(b). Figure 14(c) illustrates the first forward criti-
cal speed map with varying parameters. The critical speed shifts
up with larger radial clearance, and the highest critical speed
reaches up to 13,000 rpm with 300 lm radial clearance. Note that
the critical speed is inversely proportional to the damping coeffi-
cients as higher critical speeds appear with lower damping coeffi-
cients, as indicated in Figs. 14(b) and 14(c). Figure 14(d) shows
that SFD radial clearance has a dominant effect on the added mass
coefficient variation.

Two parameter sets with high damping ratio (set 1: 0.3 mm
radial clearance and 0.015 Pa�s lubricant viscosity and set 2:
0.1 mm radial clearance and 0.01 Pa�s lubricant viscosity) are cho-
sen from the map in Fig. 14(a), and their distribution of unbalance
response are drawn in Fig. 15. Both cases show the reduced
deflection at the bearing and rotor-end locations than no SFD
case. In addition, a significant reduction in the rotor-end deflection
is identified compared with the nominal parameter set (0.3 mm
radial clearance and 0.01 Pa�s lubricant viscosity).

Nonlinear transient simulation is also performed with two
selected sets and the nominal set from 7000 rpm to 10,000 rpm in
Fig. 16. Note that the thermal bow effect is not included in all
cases for comparison purposes. The two selected cases show
decreased vibration level at the TPJB from 7500 rpm to 9,500 rpm
compared with the nominal set.

Morton Effect Benchmark Simulation. Morton effect simula-
tions are performed to benchmark the experimentally observed
ME case in Ref. [3]. Note that the SFD model is not included in
the current analysis, and the parameters of the rotor-bearing con-
figuration are from Table 2. The ME instability phenomenon is
identified by observing a substantial increase in vibration caused
by including the TB effect, while the vibration amplitudes remain
low if the TB effect is not included. More detailed descriptions of
the ME instability determination are in Ref. [10]. Note that the
exclusion of the TB is achieved by setting the induced thermal
bow amplitude to be zero when the dynamic equations of the rotor
are solved. Figure 17 illustrates the vibration level of the TPJB at
different speeds with and without TB. This result is obtained via
the nonlinear steady-state simulation explained in the section
Modeling and Morton Effect Prediction Algorithms. The no TB
results in the figure are included to show that the large 1� vibra-
tion is caused solely by the ME. The result with TB exhibits much
larger vibration amplitude from 8000 rpm to 9000 rpm as com-
pared with the no TB model results. Reference [3] shows high
vibrations over a similar speed range. It is notable that the test
results in Ref. [3] indicate high vibration as low as 7300 rpm,
which is not apparent in the simulation model. This may be due to
the effects of pedestal flexibility, lack of precise values of pad-
pivot parameters or other unmodeled effects.

Figure 18(a) presents the journal temperature differential DT
across the rotor axial length at different speeds. The journal DT is
calculated by subtracting the minimum temperature value on the
journal surface from the maximum value at the bearing midplane.
Note that only the rotor’s axial length from 0.6522 m to 1.0078 m
is presented in the figure since the thermal shaft length is desig-
nated to be only seven times the bearing length (0.0508 m), as
explained in Refs. [8] and [9]. The region where large DT appears
coincides with the bearing’s axial location from 0.8022 m to
0.853 m. The largest DT of 28 �C is observed at the bearing mid-
plane near 0.827 m at 8700 rpm, where a rub between the journal
and pad surfaces occurs, due to the ME. The large DT induces
thermal bows with large amplitudes, displacing the overhung disk
away from its equilibrium centerline. This causes significant
imbalance excitation, which in turn causes high vibration of the
rotor. The speed range with large DT corresponds to that with
high vibration in Fig. 18(b). The high vibration with amplitudes
up to 0.15 mm is observed at the rotor axial position from 0.2 m to
0.6 m and the rotor’s NDE overhung side (axial length over 1 m).
Note that the bending mode of the rotor showed large deflection
on the NDE side at 7644 rpm in Fig. 8, which is consistent with
the location of the large vibration in the nonlinear simulation
results in Fig. 18(b). These results indicate that the ME vibration
of the example rotor was closely related to its bending mode at
7644 rpm. The speed range of large vibration is seen to occur
above the critical speed and appears from 7800 rpm to 9000 rpm.

Nonlinear transient simulations are performed both at 8000 and
8500 rpm, and the results are presented in Figs. 19 and 20. All
parameter inputs of the system are identical to the aforementioned

Fig. 12 Linear analysis: unbalance response: (a) pk–pk vibra-
tion amplitude at Rotor end node and (b) pk–pk vibration ampli-
tude at bearing node

Fig. 13 Nonlinear transient simulation result of journal surface
DT at steady-state condition with different cage stiffness (with-
out TB effect)
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nonlinear steady-state simulation, and the SFD is not included.
Figure 19 displays a 1X filtered polar plot based on the vibration
amplitude and phase at the bearing for both speeds. Note that the
texts in the plot denote the simulation time at the instance when
the vibration amplitude and phase are plotted. At 8000 rpm, the
rotor initially shows a large thermal spiral with time-varying
vibration amplitude and phase, which is caused by the large DT in
Fig. 18(a) and its resultant thermal bow. The vibration amplitude
reached its maximum value of 20 lm and then dropped to 2.36 lm

at 25 min, and the phase of the vibration keeps changing from
0 deg to 360 deg during the process. This thermal spiral vibration
is the main characteristic of the ME and was experimentally
observed in Ref. [3]. At 8500 rpm, a larger thermal spiral with the

Fig. 14 Linear analysis with SFD parameter variation (radial clearance and lubricant viscosity): (a) damping ratio of rotor,
(b) damping coefficient of SFD, (c) damped first forward critical speed, and (d) added mass coefficient of SFD

Fig. 15 Distribution of unbalance response amplitudes along
the length of the rotor for different SFD parameters (no SFD
indicates rigidly mounted TPJB)

Fig. 16 Nonlinear steady-state simulation: pk–pk vibration
amplitude versus rpm at the bearing node with different SFD
parameter sets
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maximum amplitude of 25 lm appears and does not converge
with time.

Although the high vibration level accompanied by time-varying
phase, without rub between the journal and pads, is consistent
with observations in the experiment in Ref. [3], the predicted
vibration levels are lower than the observed ones in Ref. [3]. This
may be due to uncertainties in the simulation parameters, includ-
ing unbalance distribution or other unmodeled effects.

Figure 19 demonstrates that the phase angle migration is more
severe at 8500 rpm compared with 8000 rpm. This occurs even
though 8500 rpm is displaced further from the linear system mod-
el’s critical speed at 7644 rpm. This shows that the ME is not
strictly a resonance problem. The increase in thermal bow (imbal-
ance) due to the ME at the higher speed dominates over the effect
of proximity to the critical speed. This is also reflected in the
greater migration of the phase angle at 8500 rpm seen in Fig. 19.
Having said this, the disappearance of the ME below 6000 rpm
and above 10,000 rpm demonstrates a clear dependency of the ME
on proximity to a critical speed.

Figure 20 illustrates the corresponding journal DT at the bear-
ing midplane for the rotors with and without TB at two operating
speeds. The journal DT at 8000 rpm shows a smaller value com-
pared with that of 8500 rpm in most of the simulation, indicating a
smaller thermal bow amplitude and less severe vibration at the
speed. Note that the temperature oscillations at a fixed location

will depend on the proximity of running speed to the critical
speed. If running were well below the critical speed in a region of
nonresonant forced response, the hot spot would remain fixed cir-
cumferentially. The result without the TB shows stable DT con-
verging to around 1 �C with time at both speeds. This comparison
confirms that the violent vibration in Fig. 19 was induced by the
ME. The oscillating amplitude of the DT also is consistent with
the varying vibration amplitude, as observed in Fig. 19.

Figure 21 illustrates the corresponding temperature distribution
at the bearing midplane of the with TB case at 8500 rpm after
25 min. The high journal DT of 15.2 �C occurs at the hot spot
(188.8 deg) on the journal surface. The high spot denoted with the
black rectangular leads the hot spot (192.8 deg) with 4 deg. The
cold spot is seen at 352.6 deg, which is 159.8 deg away from the
hot spot.

Effects of Squeeze Film Damper at Different Cage Stiff-
ness. To mitigate the vibration induced by the ME, the SFD
model developed is incorporated into the rotor’s bearing location,
as explained in the section Modeling and Morton Effect Prediction
Algorithms. The conventional SFD consists of the cage stiffness
and lubricant film at the gap between the TPJB housing and the
SFD housing. Reference [21] shows that the proper selection of
cage stiffness is crucial for maximizing the damping capability of
the SFD.

Figure 22 compares the vibration level at the bearing with dif-
ferent cage stiffness of the SFD. Nonlinear steady-state simulation
is carried out from 7000 rpm to 10,000 rpm. Although all stiffness
cases display relatively reduced vibration amplitudes compared
with the rotor “with TB and without SFD case,” they still have
higher vibration than when not considering the TB effect. In the
figure, the vibration level increases with the stiffer cage, and the
8 � 108 N/m shows the largest pk–pk vibration amplitude of
28.21 lm at 8200 rpm.

Figure 23 displays the 1� filtered polar plot with different cage
stiffness where the results are obtained at each critical speed. The
critical speed is defined here as the speed where the maximum
pk–pk vibration occurs. In Fig. 22, the maximum pk–pk vibration
appears at 8600 rpm for the 1� 108 N/m cage stiffness, 8100 rpm
for 4� 108 N/m, and 8200 rpm for 8� 108 N=m, indicating the
shift in critical speed depending on the cage stiffness. Figure 23
shows increasing vibration amplitudes for all three cases, while
the operating speed and conditions are kept constant. The amount
of vibration increase is more significant with higher stiffness val-
ues. The phase angles of the vibration also keep changing during

Fig. 17 Nonlinear steady-state simulation: pk–pk vibration
amplitude versus rpm at bearing node

Fig. 18 Nonlinear steady-state simulation: comparison of (a) journal surface DT and (b) pk–pk vibration amplitude versus
rpm and rotor axial position (with TB effect)
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the 15 min, but they are not as evident as the rotor without the
SFD case in Fig. 19.

Figure 24 shows 3D orbit shapes of the rotor with different
cage stiffness obtained via nonlinear simulation. The orbits are
drawn at each critical speed after 25 min. In the figure, the orbit
sizes of the rotor keep growing and approach the size of the no
SFD case with increasing cage stiffness. Note that the orbits with
relativity low cage stiffness (1� 108 N/m) are shifted downward
in y direction due to the larger static deflection of the cage.

Figure 25 shows the amplitude of the induced thermal bow cor-
responding to the result in Fig. 24. In the no SFD case, a large
thermal bow amplitude of 27.5 lm appears at the rotor end, and
its corresponding phase angle is 331 deg, which is 143 deg away
from the hot spot in Fig. 21. With the SFD, the thermal bow
amplitudes are substantially reduced, as shown in Fig. 25. When
the SFD is considered, the most significant thermal bow occurs
with the cage stiffness of 8� 108 N/m, and its value is 18.5 lm.
Relatively small thermal bow amplitudes are induced with low

cage stiffness values. This result confirms that high cage stiffness
of the SFD causes increased ME-induced vibration in the example
presented. Note that in the linear and nonlinear analysis results in
Figs. 12 and 13, the vibration amplitudes at journal location have
been reduced with stiffness cage and thus resulting in less journal
DT.

The higher vibration level with stiffer cage may be due to the
decreased effective damping with increasing cage stiffness of
bearing support as demonstrated in Ref. [37]. Based on the nonlin-
ear simulations, the cage stiffness value of 1� 108 N/m, ensures a
low journal eccentricity (<0.2) and small vibration amplitudes.
This value is selected for the SFD design and will be used for the
simulations in the following discussion [35,36].

Simulations are performed with varying levels of SFD force,
from 0% to 100% of the nominal value, to demonstrate that the
full SFD force is not required to suppress the ME. The cage stiff-
ness of 1� 108 N/m and the rotor-bearing-SFD parameters in
Table 2 are employed for simulation. Figure 26 depicts the nonlin-
ear steady-state result from 3000 rpm to 10,000 rpm. When no
SFD force (0% of SFD force) and only cage stiffness are included
in the simulation, a much larger vibration amplitude (42.39 lmÞ)

Fig. 19 Nonlinear transient simulation: 13 filtered polar plot at
8000 and 8500 rpm (with TB effect)

Fig. 20 Nonlinear transient simulation: journal surface
peak–peak DT at 8000 and 8500 rpm (with and without TB
effect)

Fig. 21 Nonlinear transient simulation: temperature distribu-
tion at bearing midplane of the with TB case at 8500 rpm after
25 min

Fig. 22 Nonlinear steady-state simulation: pk–pk vibration
amplitude versus rpm at bearing node with different cage
stiffness
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than the no TB case occurs at 5000 rpm, indicating ME occur-
rence. By increasing the SFD force from 10% up to 100% of the
nominal value, the high vibration level is mitigated compared
with 0% case. Note that the most stable vibration with the smallest
pk–pk vibration at its resonance speed occurs with 50% of SFD
force, which confirms the existence of optimal damping in terms
of vibration suppression [20]. The linear analysis in Figs. 14–16
also indicated the existence of optimal SFD parameters, which
showed more improved stability of the rotor. The relocation of the
critical speed is also observed with the SFD force variation. With
the 0% SFD force and with the cage stiffness, the critical speed at
the low speed of 5000 rpm appears while the counterpart of no
SFD case is around 7600 rpm. By increasing the ratio of the SFD
force, the critical speed shifts up to its maximum value of
8500 rpm with 100% of the nominal force. The result confirms
that the cage stiffness alone is not effective in controlling the ME
vibration, and the damping force from the SFD is needed to sup-
press the ME.

Comparison Between With and Without Squeeze Film
Damper. Figure 27(a) depicts the pk–pk vibration of the bearing
with time at the speed where maximum vibration level appears in

nonlinear simulation. Three different cases are considered, i.e.,
case 1: no thermal bow and no SFD (TPJB rigidly mounted), case
2: with thermal bow and no SFD, case 3: with thermal bow and
SFD (cage stiffness of 1� 108 N/m). In case 3, the high vibration
induced by the ME is suppressed to an acceptable level, but the
vibration level is still higher than case 1. In Fig. 27(b), the magni-
tude of the SFD damping and inertia forces from case 2 increase
with time and converge to 1076 N and 68 N, respectively.

The migration of the hot spot on the journal surface causes the
phase-varying thermal bow and thus the varying phase in the
induced ME vibration. In the process, the hot spot typically lags
the high spot (minimum film thickness) on the journal due to the
convection effect in the lubricant film. Therefore, the occurrence
of the ME is closely related to the stability of the hot spot. It is
known that when the ME occurs, the hot spot moves around the
journal circumference, and the phase lag between hot and high
spots changes accordingly [1,2]. In this regard, the phase lag
between high and hot spots at various operating speeds are investi-
gated. The phase lag values are measured after 25 min via nonlin-
ear simulation in Table 3. The comparison between cases 1 and 2
reveals that phase lags are similar regardless of the thermal bow
inclusion at the speeds where the ME induced vibration is not evi-
dent, as shown in Fig. 17 (7500, 9000, and 9500 rpm). At
8000 rpm, the ME starts to influence the rotor vibration in Fig. 17,
and the phase lag changes from 0 deg to 360 deg during most of
the simulation, and eventually converges to 8.23 deg, which is
similar to that of case 1.

At 8500 rpm, the thermal spiral is nonconverging type, and the
rotor exhibits the high vibration with varying phase until 25 min.
The corresponding hot spot location with time is shown in Fig. 28.
The angle shown in the figure provides the angular position of the
hot spot relative to the angular position of the original imbalance,
which is fixed at 0 deg, and this is shown in Fig. 21.

The hot spot angle of case 2 keeps varying in a wide range and
does not converge to a steady-state value, while those of cases 1
and 3 show stable and converging angles with time. Note that case
3 shows relatively increased and stable phase lags ranging from
10.8 deg to 12.32 deg compared with two other cases without the
SFD. The stable hot spot angles and increased phase lag may
explain the enhanced stability and the ME suppression in the
rotor-bearing due to the SFD.

Figure 29 illustrates the temperature distribution at the bearing
midplane of case 3 after 25 min of simulation at its critical speed
(8600 rpm), where the high spot leads the hot spot with 11.72 deg.
Comparing with that of case 2 at the same instance in Fig. 21
reveals that the induced high DT is suppressed in case 3 as dis-
played by the concentric distribution of the journal temperature.
This may be attributed to the addition of the SFD, which reduced

Fig. 23 Nonlinear transient simulation: 13 polar plot at critical
speed with different cage stiffness

Fig. 24 Nonlinear transient simulation: 3D orbit shapes at criti-
cal speed after 25 min with different cage stiffness

Fig. 25 Nonlinear transient simulation: TB of shaft at critical
speed after 25 min with different cage stiffness
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Fig. 26 Nonlinear transient simulation: (a) pk–pk vibration amplitude versus rpm at bearing node at critical speed after
25 min (b) zoom of (a)

Fig. 27 Nonlinear transient simulation: (a) pk–pk vibration
amplitude and (b) SFD damping and added inertia force from
case 3 at critical speed

Table 3 Phase lag between high and hot spots (case 1: no TB
and no SFD, case 2: with TB and no SFD, case 3: with TB and
with SFD)

7500 rpm 8000 rpm 8500 rpm 9000 rpm 9500 rpm

Case 1 6.93 deg 8.49 deg 9.39 deg 6.998 deg 3.633 deg
Case 2 6.66 deg 8.23 deg NC 7.173 deg 3.641 deg
Case 3 12.32 deg 11.83 deg 11.23 deg 11.72 deg 10.8 deg

NC, nonconverging.

Fig. 28 Nonlinear transient simulation: hot spot location
change with time at critical speed (no SFD indicates rigidly
mounted TPJB)

Fig. 29 Nonlinear transient simulation: temperature distribu-
tion at bearing midplane at 25 min with SFD
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the vibration amplitudes at the journal location as demonstrated
from the linear unbalance analysis in Fig. 12. The reduced syn-
chronous orbits within the journal may result in less asymmetric
heating of the journal as evidenced in Fig. 13.

Conclusion

The mitigation of the ME-induced vibration utilizing a squeeze
film damper with a central groove has been presented. Three-
dimensional FEM based rotordynamic and thermodynamic mod-
els of the ME were utilized. The ME model was benchmarked
with an experimental result, and similar trends of spiral vibration
were observed. However, the ME speed range and predicted
vibration amplitudes depart from the experimental case under
some conditions, due to unmodeled effects. The following conclu-
sions are made based on convectional linear analysis and nonlin-
ear transient ME simulations: (1) based on conventional
rotordynamic linear analysis, the SFD in series with the TPJB
shifts the first forward critical speed of the overhung rotor. Mount-
ing the SFD with low stiffness could raise the rotor’s critical
speed above the original one without SFD. However, this positive
shift of critical speed could be unfavorably reduced if an improper
SFD with a much higher stiffness is chosen. (2) The SFD with
adequately designed parameters suppresses the ME-induced vibra-
tion. The cage stiffness of the SFD significantly affects the ME
suppression capability of the SFD. In the current rotor-bearing-
SFD case, a stiffer cage induces larger vibration at journal loca-
tion in the linear unbalance response, which may cause increased
viscous heating in a journal circumference and consequently more
severe ME vibration in the nonlinear simulations. A cage stiffness
of 1� 108 N/m was shown to be optimal for suppressing the ME,
compared with two other cases 4� 108 N/m and 8� 108 N/m, for
the particular rotor model presented. This may of course vary
between machines considered. For comparison, the optimal cage
stiffness was 25% of the average x and y linear bearing stiffness
values. (3) The installation of the cage stiffness without the SFD
damping force was unable to control the ME vibration. The damp-
ing force from the SFD, along with the cage, increased the critical
speed and suppressed the ME. (4) There exist optimal parameters
for the SFD that offer the best suppression of the ME, and this is
verified via the nonlinear ME simulations. Future work will
include experimental verification of the ME suppression using the
SFD with a central groove. SFD lubricant temperature variation
and thermal conduction effect through SFD/TPJB housings will
be considered in future work. In addition, an advanced optimiza-
tion technique will be applied for the optimal SFD parameter
identification to suppress the ME.
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Nomenclature

c ¼ TPJB lubricant’s specific heat capacity
Cb ¼ TPJB bearing clearance
CD ¼ SFD radial clearance
CP ¼ TPJB pad clearance
Cro ¼ damping matrix of Euler beam rotor
CS ¼ cage spring
dI ¼ SFD inlet groove depth
êx ¼ TPJB journal displacement in x direction
êy ¼ TPJB journal displacement in y direction

FB;x;y ¼ sum of TPJB pads’ force
FD;x;y ¼ SFD damping force
Fi

pad ¼ fluid film force acting on pads
FSFD;x;y ¼ SFD force in x and y direction

h ¼ TPJB film thickness

hD ¼ SFD film thickness
hpad:TE ¼ thermal expansion of TPJB pads

hshaft:TE ¼ thermal expansion of TPJB shaft
Ii
tilt ¼ pad inertia of TPJB
k ¼ TPJB lubricant’s thermal conductivity

KDx ¼ SFD cage spring stiffness in x direction
KDy ¼ SFD cage spring stiffness in y direction
Kp ¼ pad pivot stiffness

Kro ¼ stiffness matrix of Euler beam rotor
MD ¼ TPJB housing mass

MD;x;y ¼ SFD added inertia force
Mi

pad ¼ pad mass of TPJB
Mro ¼ Maxx matrix of Euler beam rotor
ME ¼ Morton effect
OD ¼ SFD journal center

R ¼ TPJB journal radius
RJ ¼ TPJB housing radius

ypvt ¼ pivot displacement of TPJB
Ni

tilt ¼ fluid film tilting moment acting on pads
SFD ¼ squeeze film damper

TB ¼ thermal bow
TPJB ¼ tilting pad journal bearing

u ¼ lubricant’s circumferential fluid velocity
U ¼ state variable vector of Euler beam rotor

xJD ¼ SFD journal displacement in x direction
yJD ¼ SFD journal displacement in y direction

z ¼ axial coordinate of TPJB film
zD ¼ axial coordinate of SFD film

dtilt ¼ tilting angle of TPJB pads
lD ¼ SFD lubricant viscosity
h ¼ circumferential coordinate of TPJB film

hD ¼ circumferential coordinate of SFD film
hP ¼ pad pivot’s circumferential location
q ¼ TPJB lubricant’s density

qD ¼ SFD lubricant density
xJ ¼ SFD journal rotating speed
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