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Vibration
The American Petroleum Institute (API) level II vibration stability analysis for impellers
requires higher fidelity models to predict the dynamic forces of the whirling impeller.
These forces are in turn required to predict the vibration stability, critical speeds, and
steady-state vibration response of the shaft-bearing-seal-impeller system. A transient
computational fluid dynamics (CFD)-based approach is proposed which is applicable to
nonaxisymmetric turbomachinery components, such as the volute and/or diffuser vanes,
unlike its predecessor models like the bulk-flow or the quasi-steady model. The key ele-
ment of this approach is the recent advancements in mesh deformation techniques which
permit less restrictive motion boundary conditions to be imposed on the whirling impel-
ler. The results quantify the contributions of the volute and/or the diffuser to the total
forces which guides the analyst on whether to include these components in the model.
The numerical results obtained by this approach are shown to agree well with experimen-
tal measurements and to be superior to the earlier quasi-steady alternative in terms of
accuracy. Furthermore, several volute shapes were designed and analyzed for the sensi-
tivity of the solution to the geometrical properties of the volute. The design flow rotordy-
namic forces show a significant dependence on the presence of the volutes in the model,
with the specific shape of the volute having a lesser influence. The dimensionless forces
are shown to be almost independent of the spin speed. [DOI: 10.1115/1.4039725]
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Introduction

Anticipating possible sources of vibration and rotordynamic
instability is a vital step in the design process of turbomachinery
components. The geometry as well as the complex nature of the
flow inside impellers and their associated components such as vol-
utes, leakage passages, and diffuser vanes will not easily lend
themselves to rotordynamic analysis. However, similar to the
other turbomachinery components, at certain operating conditions,
the developed dynamic forces may excite the whirling motion and
lead to an undesired instability. Noting that impellers, especially
pumps, regularly operate at off-design conditions, and imbalance
may easily form after a duration of operation, they are prone to
whirling vibration [1]. For this reason, American Petroleum Insti-
tute (API) level II stability criterion requires further analysis to
account for “all sources that contribute to the overall stability”
[2]. Among these sources, impellers have been a special concern
of turbomachinery specialists [3–5]. Due to significance of the
topic in power, oil, and aviation industries as well as biomedical
applications [6,7], pioneering experimental studies were done to
measure such forces despite significant challenges [8–10].
Dynamic forces of a shrouded impeller mainly arise from the
asymmetric distribution of pressure over the impeller front shroud,
which is caused by the eccentric whirling motion of impeller [11].
Theoretical models were developed to gain a deeper knowledge of
the problem while reducing the time and cost needed for such
analysis [12–14]. With the advent of computational fluid dynam-
ics (CFD) and its wide application in the turbomachinery industry
[15–17], several researchers [18,19] employed quasi-steady and
small perturbation models to obtain the dynamic forces caused by
the impeller shrouds without the major simplifications of the prior
theoretical models. The quasi-steady model has been shown to

effectively predict the major portion of the dynamic forces com-
ing from the impeller [20,21].

A quasi-steady model turns a transient problem into a steady
one by solving the problem in the whirling frame [22]. A limita-
tion of the quasi-steady and bulk-flow models compared with the
transient model is that while they can be applied to nonaxisym-
metric problems, these applications are approximate in the sense
that some nonzero terms in the rotating frame form of the
Navier–Stokes equations must be assumed to be negligible. The
degree to which accuracy of the rotordynamic impedances is com-
promised with use of the quasi-steady model is provided by the
results in this paper. Therefore, they cannot account for the impact
of the volute, diffuser vanes, or impellers without a shroud (open
impellers). The diffuser helps the conversion of kinetic energy to
potential energy by guiding the impeller outflow through a stream-
lined diffusing passage. Similarly, the volute collects the dis-
charge flow and further converts the energy downstream. This is
especially becoming more relevant as the new minimum perform-
ance requirements demand addition of diffuser vanes for an effi-
ciency boost. Several experimental and theoretical impeller
rotordynamic studies have accounted for the presence of a volute
or diffuser before [8,12,13,23,24]. Chamieh et al. [8] measured
zero whirl frequency forces on an eccentric impeller inside a
volute, and Jery continued the work by imposing a dynamic
eccentricity [24]. Adkins and Brennen [12] used a theoretical
approach to show the effect of the flow rate on the impeller rotor-
dynamic coefficients inside a volute. Tsujimoto et al. [13] used a
potential flow model to show the validity of the skew-symmetry
assumption for an impeller whirling inside a volute. The current
study proposes a transient CFD approach based on mesh deforma-
tion techniques to enable the analyst to include the nonaxisym-
metric features in the CFD model and enhance the accuracy of
impeller dynamic force predictions. There is no consensus on the
contribution of the volute and the diffuser vanes to the overall
rotordynamic forces. Most researchers believe that it is a small
portion [1,20]. Although the shroud axial projection acts as a

Contributed by the Technical Committee on Vibration and Sound of ASME for
publication in the JOURNAL OF VIBRATION AND ACOUSTICS. Manuscript received July
28, 2017; final manuscript received March 12, 2018; published online April 27,
2018. Assoc. Editor: Costin Untaroiu.

Journal of Vibration and Acoustics OCTOBER 2018, Vol. 140 / 051015-1Copyright VC 2018 by ASME

D
ow

nloaded from
 http://asm

edigitalcollection.asm
e.org/vibrationacoustics/article-pdf/140/5/051015/6351584/vib_140_05_051015.pdf?casa_token=0m

8R
m

LBrom
IAAAAA:5om

i6gG
R

4J--dm
BO

gEIdC
vfM

utSm
AkhJw

rXnD
ay9fguXAYi4N

3270PcR
F6F47V-nVAkW

K8r9 by Texas A & M
 U

niversity user on 08 August 2023

https://crossmark.crossref.org/dialog/?doi=10.1115/1.4039725&domain=pdf&date_stamp=2018-04-27


transferring medium for dynamic forces, the pressure and swirl
ratio boundary conditions are largely dependent on upstream condi-
tion. Volutes also contribute to the positive cross coupled stiffness,
and usually, this contribution is larger than the direct stiffness. The
cross coupled stiffness may have a significant influence on rotordy-
namic stability.

Since a complete pump model shows complex flow physics, a
reliable CFD model can provide important quantitative results and
qualitative insights to the analyst (see Supplemental CFD methods
section for a brief discussion available under the “Supplemental
Data” tab for this paper on the ASME Digital Collection). This is
the first study to utilize a CFD method to obtain the rotordynamic
coefficients of a volute or diffuser, and the approach presented
uses a transient model which is not limited by the geometry. The
current method’s solution has been numerically tested with eccen-
tricities as small as 10% of the original experimental eccentricity,
and the results remain the same as the case with the nominal
eccentricity. The same conclusion can be made theoretically for
small eccentricity ratios [25]. In other words, this method is not
limited by the large eccentricities that are needed in experiments
to overcome measurement uncertainties and which may exceed
those in actual operation of the machine. Furthermore, the contri-
butions of the shroud, volute, and diffuser vanes are extracted to
shed light on the question of “which components dominate, and
which components can be neglected, in the analysis?” A paramet-
ric study is performed to augment prior results for further investi-
gation of the topic.

The paper is organized as follows: First, the dimensions and
operating conditions from the experiments of Jery [24] and the
CFTurbo [26] designed components are presented. Next, the
numerical model will be discussed in detail, including boundary
conditions, force extraction, and grid independency study. The
methodology will be validated against experiments of Jery [24] in
the Results section. That is followed by a comparison of several
volute designs in terms of rotordynamic forces and the impact of
having diffuser vanes. Finally, results regarding some secondary
aspects such as the effect of “Gap A” (The radial gap between the
impeller discharge and the diffuser, see Fig. 1), clearance profile,
and spin speed will be presented. The results are then summarized.

Design Parameters and Dimensions

The experimental results from Jery [24] and Jery et al. [27]
from CalTech have been employed in this study to validate the
numerical approach. Jery’s pump case has been selected because

more geometrical details have been discussed. Since some of the
design parameters are unavailable, the commercial package CFTurbo
[26] has been employed to inverse design the unknown parameters.
The dimensions and the operating conditions of the pump are given
in Table 1. The main dimensions are illustrated in Fig. 2(a).

Jery’s original clearance dimensions have been obtained from
Ref. [12] which has a fairly large clearance. This large cavity may
not be representative of today’s high performance pumps that
have very tight clearances. For this reason, a second clearance has
been simulated in addition to the original clearance. The second
case has a tight uniform clearance profile. Both clearances are
illustrated in Fig. 2(b).

In experimental measurements, sometimes the entrances of a
pump side-wall gaps are temporarily sealed using flow restrictor
rings in order to reduce the leakage flow. These flow restrictors
artificially increase the rotordynamic forces on the impeller front
shroud [12]. In the present study, such flow restrictors have been
excluded to avoid unrealistically large rotordynamic forces. Also,
a face seal has been included in the model to minimize the contri-
butions of transverse fluid induced forces contributed by the seal.
Other parameter of interest is the gap (gap A in Figs. 1 and 2)
between the impeller discharge and the entrance of the leakage pas-
sages. A narrower gap leads to better efficiency, smoother axial
thrust curves, and better stability characteristics for the head-flow
curve [28]. On the other hand, it has been reported that by making
this opening tighter, severe vibration problems will result [29].
Bolleter et al. [30] investigated the influence of gap A on impeller

Fig. 1 Schematic of gap A configurations

Table 1 Dimensions and operating conditions provided by
Jery [24]

Parameter Value Parameter Value

b2 23 deg e 0:315 mm
b2 1:58 cm L 3:22 cm
b3 24:75 mm / 0:092
Athroat 20:75 cm2 w 0:49
Cr 0:13 mm x 1000 rpm
Cmax 1:3 mm X=x �1:0 to 1:0
D0 8:0 cm xs 0:57
D2 16:2 cm tsh 3:175 mm
D3=D2 1:13 Z 5

The shroud thickness tsh and the diffuser inlet width b3 are found from
inverse design using CFTurbo.

Fig. 2 Pump dimensions: (a) main dimensions and (b) narrow
versus wide clearance
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rotordynamics. Accordingly, three settings of gap A have been
examined, one of which completely removes the gap (see Fig. 1).

For the second part of the study, several matched flow volutes
have been designed using CFTurbo, as well as a 13-vane diffuser.
The number of vanes has been selected such that there is a mini-
mum chance of resonance [31]. The volute cross sections covered
in this study include trapezoidal (Trp), rectangular (Rec), circular
(Cir), radius based (Rad), and round asymmetric (Rnd) designs.
The vaned diffuser (Dif) has a logarithmic spiral-straight two-
dimensional design. Figure 3 shows the investigated volute profiles.

Numerical Methodology

Computational Domain. All cases use a high quality fully
structured grid with a maximum yþ(the dimensionless distance
from the wall defined as yþ ¼ y

ffiffiffiffiffiffiffiffiffiffi
sw=q

p
=�) value of 36 for better

accuracy, however, yþ values smaller than 200 would be suffi-
cient. Since the rotordynamic forces arise from the close interac-
tion of the side wall gap flow with the primary flow and the
diffuser/volute upstream condition, an extended model is required
to include all these regions. The mesh is generated using ANSYS

ICEM CFD [32,33]. The current model consists of the suction pipe,
impeller, rear and front leakage paths, front face seal, diffuser
vanes, volute, cutwater, discharge diffuser, and the extension pipe
at the outlet. Figure 4 shows these computational domains (see
Supplemental grid size section available under the “Supplemental
Data” tab for this paper on the ASME Digital Collection for more
details about the individual domain sizes).

Computational Fluid Dynamics Setup. The commercial CFD
package ANSYS CFX 17.2 has been utilized to solve the transient
Reynolds-averaged Navier-Stokes equations with the turbulence
model k � xs hear stress transport, the validity of which has been
tested in numerous turbomachinery studies [34–37]. The inlet
mass flow rate and the outlet static pressure boundary conditions
have been imposed. All the walls use a no-slip boundary condition
with a smooth wall condition. A transient rotor-stator interface
has been utilized between the rotating and stationary domains.
The convergence criterion for the residuals has been set to 10�5.

The current study uses the mesh deformation technique to
model the whirling motion of the impeller inside the casing. The
displacements are imposed on boundaries as well as subdomains
to reduce total computational cost and improve mesh quality. A
diffusion equation for the mesh has to be solved at each time-step
[38] in order to diffuse the imposed motions on the boundary
nodes to the interior nodes. The diffusion equation is solved to
reach a residual value of 10�5

r � Cdrdð Þ ¼ 0 (1)

where the displacement relative to the previous location of the
node has been shown with the symbol d, and Cd denotes the mesh
stiffness. By expressing the mesh stiffness in terms of cell volume,
one can shift the deformation area to the regions with coarser
mesh (far from the walls), and in this way, preserve the orthogon-
ality of the grid adjacent to the wall

Cd ¼
8ref

8

� �Cstiff

(2)

The reference volume 8ref is set to the mean cell volume size in
the grid, and the stiffness exponent Cstiff has been set to 2.0 in this
work. By imposing boundary conditions in the Laplace equation,
one can preserve the boundary original shape as well as its normal
derivative which improves the mesh orthogonality near the walls
[39]. The avid reader is encouraged to refer to the ANSYS CFX

theory guide [38] for further details. The mesh deformation
boundary conditions are shown in Fig. 5 considering both the
blade to blade and meridional views. In this work, a subdomain
has been defined which contains the impeller. Since all the nodes
inside the subdomain have the same whirling displacement, the
cells will not be deformed with respect to each other; hence, the
mesh quality inside the impeller is preserved. The deformation
happens in a region far from the impeller called the absorption
domain. Both the subdomain and the absorption domain are parts
of an assembly domain which has the rotational speed of the spin-
ning motion.

Fig. 3 Volute designs from CFTurbo: (a) circular, (b) radius based, (c) rectangular, (d) round asym-
metric, and (e) trapezoidal

Fig. 4 Exploded view of the computational domains
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The circular whirling motion is imposed by introducing a ramp
function to avoid rapid mesh distortion

ex ¼ e cos xt H xj jt� p
2

� �
ey ¼ e sin xt

(3)

Force Extraction Method. The transient stationary frame
force results are collected after allowing the solution to reach its
periodic state. At least ten spinning cycles are simulated for each
case. There are a number of forces present in this simulation, each
of them having its own frequency such as the blade pass peak,
spin peak, whirl peak, and higher harmonic. Figure 6 shows an
example of the frequency peaks present in this study. For instance,
the blade pass peak appears at the frequency ratios Zb61 as it
modulates with the single vane volute (the tongue). However,
there is only interest in the whirl frequency peak in accordance to
the rotordynamic vibrations motivations of this study. To this end,
a Fourier transform will be applied to the stationary frame forces
to extract the whirl component.

The amplitude and phase angles of the whirling component
have been used to reconstruct the normal and tangential forces in
the whirling frame. Thus, the impedance curves have been
obtained. Subsequently, a root-mean-square (RMS) second-order
curve fitting has been performed to obtain the dynamic coeffi-
cients. Owing to the skew symmetry of the rotordynamic force
coefficient matrices [24], one set of direct and cross-coupled
dynamic coefficients for stiffness, damping, and inertia terms will
be sufficient. The applicability of the skew-symmetry assumption
has been previously validated by the prior theoretical and experi-
mental works in the area of impeller rotordynamic forces
[12,13,24] which have accounted for transient effects.

All the results in this study have been delivered in dimension-
less format to promote comparability and their range of applic-
ability. The dimensionless forces are defined as

FN ¼
fn

qpr2
2x

2b2e
; FT ¼

ft
qpr2

2x
2b2e

(4)

Similarly, the dimensionless rotordynamic coefficients are defined
as follows. The coefficients are defined in the Nomenclature and
the symbols shown with “�” represent the dimensional values

K ¼
bK

qpr2
2x

2b2

; k ¼
bk

qpr2
2x

2b2

C ¼
bC

qpr2
2xb2

; c ¼ bc
qpr2

2xb2

M¼
bM

qpr2
2b2

; m ¼ bm
qpr2

2b2

(5)

Fig. 5 Mesh deformation boundary conditions: (a) blade to blade view and (b) meridional view

Fig. 6 Sample fast Fourier transform (FFT) of the dimension-
less forces in the stationary frame at FR 5 20:6

051015-4 / Vol. 140, OCTOBER 2018 Transactions of the ASME

D
ow

nloaded from
 http://asm

edigitalcollection.asm
e.org/vibrationacoustics/article-pdf/140/5/051015/6351584/vib_140_05_051015.pdf?casa_token=0m

8R
m

LBrom
IAAAAA:5om

i6gG
R

4J--dm
BO

gEIdC
vfM

utSm
AkhJw

rXnD
ay9fguXAYi4N

3270PcR
F6F47V-nVAkW

K8r9 by Texas A & M
 U

niversity user on 08 August 2023



which are determined from the numerically calculated impedan-
ces, fitted to the standard quadratic form model

FN

FT

" #
¼
�K� c

X
x
þMX2

x2

k� CX
x
�m

X2

x2

26664
37775 (6)

The dimensionless rotordynamic coefficients are found by using a
least square curve fitting method. Impellers are known to show
deviations from a second-order curve fitting approach, requiring
instead a more general transfer function model. Previously,
attempts have been made by several scholars to use other methods
than the least square curve fitting to improve the rotordynamic
coefficients of an impeller [11,12,40]. However, in terms of prac-
ticality for industrial applications, the least square curve fitting
model seems to be a more attractive option.

The zero frequency ratio results (X=x ¼ 0) require a special
treatment in the transient analysis. The circumferential averaging
approach previously used by Suzuki et al. [7] has been adopted in
this study to find the nonwhirling results. Figure 7 illustrates the
impeller position phase model employed in this approach

FN
X¼0 ¼ F0

N þ F
p
2

N þ Fp
N þ F

3p
2

N

4
� F0;N

FT
X¼0 ¼ F0

T þ F
p
2

T þ Fp
T þ F

3p
2

T

4
� F0;T

(7)

In addition, the force results at FR ¼ 61 have the same frequency
as the spin component, thereby making them prone to uncertainty.
This is especially true at FR¼ 1 where the whirling forces may be
comparable in magnitude to the spinning related forces. For this
reason, the results at these points have been omitted, and instead
the closest points at FR ¼ 60:9 have been simulated and
included.

Shroud, Diffuser, and Volute Force Extraction. To specify
the contribution of each component to the overall dynamic forces,
separate models have been devised and then subtracted from the
full model that includes the entire assembly (For further details

about this procedure refer to Supplemental shroud forces section
available under the “Supplemental Data” tab for this paper on the
ASME Digital Collection).

Special care has been taken to remove the effects of rotating or
stationary stall from simulations, especially in the case of the dif-
fuser vanes (see Supplemental rotating stall section available
under the “Supplemental Data” tab for this paper on the ASME
Digital Collection). If a nonmatched diffuser is used in the simula-
tions, the diffuser dynamic force results will be contaminated by
the extra impact of flow coefficient. Impellers are typically
designed to operate at their maximum efficiency which occurs at a
certain flow rate known as the best efficiency point (BEP). Here,
the goal is to obtain the dynamic coefficients at the best efficiency
point to omit cases with an off-design operation.

Model Error. The subdomain center of spin is fixed on the ini-
tial spot (the center of spin is not whirling with the impeller). This
results from the current limitations in defining the rotating frame
axis of rotation as a function of time in ANSYS CFX. It will be shown
that the error associated with this model will be small provided
that the eccentricity ratio to the outer diameter e=D2 is not too
large which is the case in the current model.

Consider an impeller which is spinning about an off-centered
axis as shown in Fig. 8. In this configuration, the velocity magni-
tude and, therefore, static pressure distribution on the opposite
sides of the impeller will not be the same. Therefore, a resultant
radial force will be formed which is not physical but instead an
artifact of the fixed center of spin limitation. A quick integration
over the impeller front shroud estimates the order of magnitude of
this force

DFN; fsh ¼
2

ðh¼p=2

h¼�p=2

ðr¼r2

r¼r0

ð/¼p=2

/¼0

1

2
q exð Þ2 cos h= sin / rdrdhd/

pqr2
2x

2b2e

(8)

Fig. 7 Zero frequency ratio force extraction Fig. 8 Fictitious force due to the fixed axis of spin
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The hub and shroud contributions almost cancel each other. It is
difficult to estimate the contribution of blades due to their three-
dimensional (3D) complex profile, but their contribution should be
smaller or in the order of the front shroud (the blades also contrib-
ute to tangential forces). The majority of rotordynamic forces in a
closed 3D centrifugal pump impeller comes from the front shroud
as it has been shown in several prior studies [21,23,41–43]. This fic-
titious force is not a function of the whirl speed X, but its dimen-
sionless magnitude depends on e; hence, for the smaller whirl
orbits, this error will be linearly reduced. Simplification of Eq. (8)
and division by the total dimensionless normal force yield

DFN; fsh

FN
¼ B

fn
; B ¼ 2pD0Lq exð Þ2 (9)

where D0 and L represent the impeller eye diameter and front
shroud axial length, respectively. This result shows that the ratio
will be negligible as long as the eccentricity and spin speed are
small (which is the case in this problem). An impeller without a
diffuser and volute is selected and simulated using the quasi-
steady method, in order to further quantify this error term. Two
eccentric cases are simulated, the first with centered and the sec-
ond with off-centered spinning. The difference between the two
cases quantifies the error. Jery’s original eccentricity of e ¼
1:26 mm has been imposed in both cases to present a very con-
servative extreme case with regard to the error estimation. The
remaining simulations are more representative of actual impeller
whirl magnitudes, with 25% of the original eccentricity, and
therefore, the dimensionless error forces will be much smaller rel-
ative to the total forces for these cases. Figure 9 compares the two
cases and shows that this error term is negligible even when using
the largest eccentricity.

Grid Independency. A grid study was performed to demon-
strate the independency of the results from the mesh resolution
(see Supplemental grid refinement section available under the
“Supplemental Data” tab for this paper on the ASME Digital
Collection). Three different sets of quantities are monitored to
qualitatively show that the grid convergence error is minimal
[44]. The three quantities include: (1) pump head coefficient w,
(2) pump efficiency g; and (3) the RMS of absolute dynamic force
difference over a range of frequency ratios. The first quantity is
indicative of the convergence of the pressure field and continuity
equation. The second quantity is indicative of the resolution of
boundary layers and prediction of shear stress on walls which typ-
ically requires more refined grids. The third parameter is the rotor-
dynamic parameter of interest specific to the problem which is the

dynamic force in an average sense. This quantity cannot be
defined using a single frequency ratio like the other two, so the
RMS value of the difference with respect to the finest grid will be
assessed

RMSFN
¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiXNFR

i¼1

F
finer

N � F
grid

N

� �2

NFR

vuuuut

RMSFT
¼

ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiXNFR

i¼1

F
finer

T � F
grid

T

� �2

NFR

vuuuut
(10)

where NFR defines the number of frequency ratios considered.
Figure 10 shows the grid convergence results. According to this
plot, the fine mesh (1.867� 106 nodes) has been selected as the
appropriate grid since the grid convergence parameters are almost
saturated at this point, and the changes are below 5%. Figure 11
illustrates how the dynamic forces from all the grids almost fall
on the same curve. Therefore, one can rely on the coarse grid
results if only the dynamic coefficients are sought. This observa-
tion reduces the computational cost of the transient solution con-
siderably. The major difference between the impeller and the seal
case associates to the range of Re number. Inside the liquid annu-
lar seals, the Re number is in order of 104 and sometimes as low
as 103 while in the front leakage path of the impeller, the Re

Fig. 9 Quasi-steady dimensionless normal and tangential
forces with centered and off-centered spinning motion (eccen-
tricity e 5 1:26 mm)

Fig. 10 Grid independency results

Fig. 11 Dimensionless dynamic forces from various grid
densities
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number is in order of 105, making the utilization of wall-functions
and coarse meshes more viable.

Results and Discussion

Validation. The concentric case model was compared with the
characteristic measurements by Jery [24]. The numerical charac-
teristics show the same trend as the experimental data. Figure 12
compares the numerical results against experimental values for
the head coefficient and the efficiency.

For the whirling case, the measurements from Jery have been
compared to the numerical results from both the quasi-steady
model and the transient model (see Fig. 13). These results refer to
the original trapezoidal volute without diffuser vanes which is
called Volute A in Jery’s work. Also, the clearance profile has
been set to the original wide configuration in order to comply with
the test geometry. The superiority of the transient method to the
quasi-steady approach clearly manifests itself in these plots.
Although one expects that the transient solution will provide more
accurate results than the quasi-steady model, the matter of degree
of improvement is of strong importance to justify the increased
computational time that accompanies the transient approach. Ear-
lier, non-CFD theoretical models have emphasized on transient
effects which are absent in the quasi-steady models [13,45]. The
deviation in the numerical results is primarily attributed to the
uncertainties in the front shroud curve. Furthermore, the effects of

Reynolds-averaged Navier-Stokes turbulence modeling, special
and temporal numerical errors, unknown surface roughness, and
the duration of numerical sampling contribute to the model devia-
tion. The quasi-steady model particularly shows more deviation
because of transient effects and non-axisymmetric features. The
quasi-steady predictions are much closer to the transient predic-
tions if a narrow clearance profile is used where there is a reduc-
tion in the contribution of the volute. The results of clearance
profile are presented later in the paper.

Table 2 compares the rotordynamic coefficients from the tran-
sient simulation to the experimental values. Overall, there is a rea-
sonable agreement between all coefficients. The quasi-steady
model coefficients are clearly unreliable in this case, as indicated
by the results in Fig. 13.

To quantify the contribution of the volute in this case, the total
forces have been subtracted from the impeller forces (without
volute) and the outcome represents the volute contribution.
Figure 14 compares the forces associated with the volute against
the impeller forces. The normal contribution is relatively small
while the tangential contribution accounts for a bigger share of
the total tangential force.

Volute and Diffuser Rotordynamic Forces. The prior sec-
tion’s validation of the model allows the methodology to be used
to explore the rotordynamic behavior of the volute and the dif-
fuser. The five different volute designs and the vaned diffuser
have been simulated with the narrow leakage path clearance con-
figuration at the design flow rate, since it is sought to show that
the volute and the diffuser have a significant influence on the
impedances and dynamic coefficients even for the case that the
clearance is similar to the values used in those cases in the litera-
ture that exclude the diffuser and volute from their models. This
will let the analyst know that if the volute and/or diffuser should
be kept in the analysis or not. Also, the narrow clearance may be
more practical in the actual applications. Figure 15 presents the
total normal and tangential forces exerted on the same impeller
operating with various volutes. Except for the rectangular volute,
all the volutes follow the same curve, implying that the shape of
the volute does not alter the rotordynamic coefficients at the BEP.

Fig. 12 Experimental and numerical pump characteristics

Fig. 13 Dimensionless normal and tangential forces, predic-
tions versus experiments. QS and Trn correspond to quasi-
steady and transient, respectively.

Table 2 Experimental versus CFD predicted rotordynamic
coefficients

Case K k C c M m

Jery �1.64 0.82 2.94 6.88 6.39 �0.64
CFD �0.85 1.44 1.74 3.86 4.05 0.59
Rel. Error (%) 48.2 75.6 40.8 43.9 36.6 192

Fig. 14 The trapezoidal volute rotordynamic forces versus the
impeller for the wide clearance configuration
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Note that a nonmatched volute introduces the effects of the flow
rate coefficient which contaminates the results and, therefore, has
been avoided. Also, the rectangular volute shows an uncommon
sudden drop of the tangential force at FR¼�0.9 which has a
destabilizing effect.

To better visualize the contribution of the volutes, the dynamic
forces has been subtracted from the transient solution of the
impeller forces alone (no volute) which serve as the base line
forces. As was shown before, the quasi-steady model cannot serve
as the base line due to its axisymmetric assumption. Although not
shown here, the quasi-steady base line erroneously overpredicts
the contribution of the diffuser and the volute. Figure 16 shows
that at certain frequency ratios, the volutes contribute comparable
forces as the impeller. The introduction of the volutes has shifted
the whirl frequency ratio (WFR) from 0.5 (see Fig. 16(b)) to 0.65
(see Fig. 15(b)). Table 3 does a basic comparison between the
dimensionless dynamic coefficients of the impeller and the vol-
utes. According to Table 3, all the volutes have a comparable

direct stiffness with respect to the impeller. The volutes show
about 25% of the impeller cross coupled stiffness. Furthermore,
the volutes provide a direct damping close to 30% of the impeller
direct damping (with the exception of the rectangular volute).
However, the volute impedances are nonquadratic and their
impact is better represented by the rotordynamic forces rather
than the rotordynamic coefficients. The effect of nonquadratic
curves on the rotordynamic stability can be further investigated
using the approach introduced by Kim and Palazzolo [40].

The diffuser vanes may be integrated with a volute or be used
alone with cross overs. Thus, there is an interest in both cases.
Figure 17 exhibits the contributing normal and tangential forces
of the diffuser vanes. In this figure, the diffuser and volute forces
have been subtracted from the impeller base line forces to quan-
tify the contribution of each component. Table 4 indicates the
rotordynamic coefficients from each component. The tangential
forces show more dependency on the presence of the volute or the
diffuser compared to the normal forces. The diffuser has a more
pronounced influence over the direct damping and the direct
added mass, while the volute has a greater share in the total direct
stiffness. Both components drive the forward whirl especially at
larger frequency ratios, yet they have a stabilizing effect in the
backward whirl region.

Impact of Clearance, Gap A, and Spin Speed. As was pointed
out in the validation section, the clearance profile plays a role in
deciding whether a quasi-steady model is applicable. Observe in
Fig. 18 that quasi-steady predictions for the narrow clearance
have a better agreement to the transient results compared to what
was shown in Fig. 13 for a wide clearance. However, it should be

Fig. 15 Total dimensionless normal and tangential forces of the same impeller working with various volutes

Fig. 16 Contributions of the impeller and various volutes to the total normal and tangential forces

Table 3 Impeller and volute rotordynamic coefficients

Case K k C c M m

Imp 0.17 1.83 1.92 4.03 5.69 1.39
Cir 0.11 0.58 0.61 0.71 0.95 0.12
Rad 0.11 0.6 0.65 0.66 0.99 0.19
Rec 0.11 0.7 0.08 1.62 0.53 0.89
Rnd 0.11 0.44 0.62 0.69 0.87 �0.64
Trp 0.15 0.54 0.44 0.67 0.63 0.99
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pointed out that there still is a significant difference between the
stiffness predictions and the resultant WFR. Figure 19 displays
further detail about the influence of the clearance profile. Both
configurations use a trapezoidal volute and results have been
acquired by the transient model. The immediate observation is
that both cases have comparable forces at the subsynchronous
range of the frequency ratio. Table 5 compares the rotordynamic
coefficients. The narrow clearance case has a larger cross-coupled
and direct (positive) stiffness as well as direct damping, with an
overall larger WFR.

The influence of gap A shown in Fig. 1 is revealed by consider-
ing the vertical intercept of the tangential forces in Fig. 20. The
cross-coupled stiffness increases significantly by reducing gap A.
Reduction of gap A in effect makes it behave similar to a plain
annular seal, which is reflected in the trend of the rotordynamic
coefficient in Table 6. Overall, the increased WFR of the tight

Fig. 17 Contributions of the diffuser and the volute to the total normal and tangential forces

Table 4 Comparison of impeller, diffuser, and volute rotordy-
namic coefficients

Case K k C c M m

Imp 0.17 1.83 1.92 4.03 5.69 1.39
Dif 0.06 0.50 0.89 0.66 1.18 �0.59
Vol 0.15 0.54 0.44 0.67 0.63 0.99
DifþVol 0.21 0.60 0.72 0.90 1.13 �0.41

Fig. 18 The quasi-steady model predictions follow the tran-
sient results closely for the narrow clearance configuration.
Trapezoidal volute is included in both cases.

Fig. 19 Transient force predictions of the narrow versus wide
clearance. Trapezoidal volute is included in both cases.

Table 5 Impact of the clearance profile on the rotordynamic
coefficients

Clearance K k C c M m WFR

Narrow 0.32 2.29 2.35 4.65 6.68 0.98 0.65
Wide �0.85 1.44 1.74 3.86 4.05 �0.59 0.6

Fig. 20 Gap A influence on the dynamic forces
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Gap A configuration (GapA=D2 ¼ 0:006) suggest a less favorable
stability condition.

Jery [24] reported that the dimensionless dynamic forces do not
show a significant dependence on spin speed. This conclusion
could have a major impact on the reduction of influential variables
of the problem, therefore, it was investigated by numerical means
in the present work. Results from four (4) distinct spin speeds
were obtained and renormalized by the reference speed forces at
x ¼ 1000 rpm (FN=FN;ref and FT=FT;ref ). Then, all the points
should approach unity if the spin speed does not affect the
dynamic forces. The numerical and experimental results illus-
trated in Fig. 21 confirm this observation. Points close to the
region where FN and FT approach zero (for example, in Fig. 20
close to X=x ¼ 0:4� 0:8) have higher relative error and uncer-
tainty, and therefore, not plotted in Fig. 21. These results show
that the dimensionless rotordynamic coefficients are nearly inde-
pendent of spin speed, unlike the dimensional ones.

Conclusion

A CFD-based, transient methodology was presented to improve
rotordynamic force coefficient predictions of impellers under
more general conditions where nonaxisymmetric components
such as volutes or diffusers are present. The proposed approach
was shown to considerably improve the predictions compared to
the quasi-steady model when the clearance profile grows wider.
The grid independency study suggests that even coarse grids can
be effectively used to extract the rotordynamic coefficients, pro-
vided that vibration and rotordynamic stability are the main goals
of the simulation.

The relative contribution of the volute and/or diffuser to the
overall dynamic forces depends on the frequency ratio and the
front leakage path profile, where flow rate effects are not consid-
ered in this work. The cross-coupled stiffness from the volutes or
the diffuser investigated in this study was calculated to be about
20–30% of the impeller cross coupling. The current impedance
curves suggest that the presence of the diffuser or the volute
increases the WFR by 0.1–0.15, which shows the destabilizing
effect of these components. Furthermore, based on several volute

design trials, it was concluded that at the design point, the differ-
ence in the volute cross-sectional profile shape is immaterial while
its presence has to be considered. The rectangular volute, how-
ever, showed an erratic behavior at FR ¼ 60:9.

A parameter study showed that by tightening gap A, which is a
common practice for increasing efficiency, the cross-coupled stiff-
ness increased significantly. Results imply that gap A effectively
acts similar to a plain annular seal relative to the dynamic force
coefficients. Moreover, the forces from the narrow and wide clear-
ance profile have comparable sizes in the subsynchronous region.
Spin speed shows little influence on the dimensionless rotordy-
namic forces, but may influence the dimensional ones.

The focus of the current study was developing the novel meth-
odology and demonstrating its application only at the design flow
rate. Interesting results may be achieved by extending the method
to investigate off-design operation and/or more complex geome-
tries such as an open impeller where conventional methods fail to
predict the dynamic forces. The methodology can be further
developed to attain alternative formula to the well-known Wachel
and Von Nimitz [46] relation. A limitation of the current study
was the unknown front shroud profile of the impeller which had to
be inverse-designed. To further validate the current model, it is
recommended to run calculations on an impeller with a known
front shroud profile and compare the results to experiments. It is
also encouraged to utilize higher fidelity turbulence models as the
computational horizons expand in near future.
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Nomenclature

Athroat ¼ volute throat cross section area, m2

b2 ¼ blade outlet width, mbc; bC ¼ cross-coupled and direct damping coefficients,
Ns=m

c; C ¼ dimensionless cross-coupled and direct damping
coefficients

Cr ¼ radial clearance, m
Cstiff ¼ grid stiffness exponent

d ¼ gap A axial length, m
D0;D1;D2;D3 ¼ diameter (suction, inlet, outlet and

diffuser), m
fN ; fT ¼ normal and tangential whirling forces, N
fx; fy ¼ whirling forces in the stationary frame, N

FN ;FT ¼ dimensionless normal and tangential whirling
forces

FN ;FT ¼ dimensionless normal and tangential whirling
forces at FR¼ 0.0

FX;FY ¼ dimensionless whirling forces in the stationary
frame

F0;n;F0;t ¼ dimensionless normal and tangential forces in
the centered position

g ¼ gravitational acceleration, m=s2

H ¼ pump head, m
H ¼ step functionbk; bK ¼ cross-coupled and direct stiffness coefficients,

N/m
k;K ¼ dimensionless cross-coupled and direct stiffness

coefficients
L ¼ front shroud projected length, mbm; bM ¼ cross-coupled and direct added mass

coefficient, kg
m;M¼ dimensionless cross-coupled and direct added

mass coefficients
N ¼ grid size

NFR ¼ number of frequency ratios
p ¼ pressure, Pa
Q ¼ flow rate, m3=s

Ql ¼ leakage flow rate, m3=s
r0; r2 ¼ impeller suction and discharge radii, m

Re ¼ Reynolds number
t ¼ time, s

tsh ¼ shroud thickness, m
T ¼ torque, Nm
y ¼ distance from the wall, m

yþ ¼ solver Yplus; yþ ¼ ðy=�Þ
ffiffiffiffiffiffiffiffiffiffiffiffiffiffi
ðsw=qÞ

p
Z; Zb ¼ number of blades

Zv ¼ number of diffuser vanes
8;8ref ¼ cell volume, cell reference volume, m3

Greek Symbols

e ¼ eccentricity, m
b2 ¼ blade trailing edge angle, deg
d ¼ displacement, m
g ¼ efficiency, ðqg=HQÞ
h ¼ circumferential position, rad
� ¼ kinematic viscosity, m2=s
/ ¼ flow coefficient, ðQ=pxr2D2b2Þ

/x;/y ¼ phase angle in the stationary frame, rad
u ¼ projection angle, rad
q ¼ density, kg=m3

s; sw ¼ shear stress, Wall shear stress, Pa
w ¼ head coefficient, ðgH=r2

2x
2Þ

X ¼ whirl rotational speed, rpm

x ¼ spin rotational speed, rpm
xs ¼ specific speed (metric), ðxQ1=2=ðgHÞ3=4Þ

Subscripts

Cir ¼ circular volute
Dif ¼ diffuser
fsh ¼ front shroud

Imp ¼ impeller
Off ¼ off-centered spinning
QS ¼ quasi-steady model

Rad ¼ radius-based volute
Rec ¼ rectangular volute
Rnd ¼ round asymmetric volute
Trn ¼ transient model
Trp ¼ trapezoidal volute
Vol ¼ volute
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