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The vibrations of a flexible rotor are controlled using piezoelectric actuators. The
controller includes active analog components and a hybrid interface with a digital
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compu{e(. The computer utilizes a grid search algorithm to select feedback gains
that minimize a vibration norm at a specific operating speed. These gains are then

downloaded as active stiffnesses and dampings with a linear fit throughout the
operating speed range to obtain a very effective vibration control,
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Introduction

Active vibration control has become an area of intense re-
search in rotorbearing systems, machine tools, large space
structures, and in robotics. Significant efforts are being made
to apply active vibration control (AVC) devices to rotating
machinery in the petrochemical, aerospace, and power utility
industries. The advantages of active control over passive, i.e.,
absorber and dampers, is the versatility of active control in
adjusting to a myriad of load conditions and machinery con-
figurations. This is clearly illustrated when one considers the
very narrow bandwidth that a tuned spring mass absorber-is
effective in. Other possible advantages that have been cited
for AVC include compact size, light weight, no Iubrication
systems needed in the control components, and operation in
high or low temperature environments.

In this paper an algorithm has been developed for perform-
ing a computer directed grid search to identify the best feedback
gains for a piezoelectric-actuator based active vibration control
system. These gains are stored in an array for a shaft speed
interval covering the operating range. The feedback gains are
automatically downloaded versus speed for all successive runs
of the test rig.

Literature Review

Electromagnetic shakers and magnetic bearings have been
used for actuators in the majority of the active vibration control
research mentioned in the literature. Magnetic bearings force
the rotor without contact while electromagnetic actuators apply
forces to the rotor indirectly through the bearings. Salm and
Schweitzer (1984) examined the stability and observability of
rotorbearing systems with active vibration control, and pre-
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sented an analysis which related force and stiffness to electrical
and geometrical properties of electromagnetic bearings.

Nikolajsen (1979) examined the application of magnetic
dampers to a 3.2 meter simulated marine propulsion system.
Gondhalekar and Holmes (1984) suggested that electromag-
netic bearings be employed to shift critical speeds by altering
the suspension stiffness. Weise (1985) discussed proportional,
integral, derivative (PID) control of rotor vibrations and il-
lustrated how magnetic bearings could be used to balance a
rotor by forcing it to spin about its inertial axis. Humphris et
al. (1986) compared predicted and measured stiffness and
damping coefficients for a magnetic journal bearing.

Several papers describe active vibration control utilizing other
types of actuators such as pneumatic, hydraulic, electrohy-
draulic, and eddy current force generators. Ulbrich and Al-
thaus (1989) discussed the advantages and disadvantages of
different types of actuators, and examined controlled hydraulic
chambers as force actuators. This compact system could de-
velop very large forces and thereby influence even large tur-
bines weighing several tons; however, the difficulty of hydraulic
control lies in high frequency response, which was essentially
limited by the servo valve implemented and fluid losses. Feng
(1986) developed an active vibration control scheme with ac-
tuator forces resulting from varying bearing oil pressure.
Heinzmann (1980) employed loud speaker coils linked to the
shaft via ball bearings to control vibrations.

Crawley and de Luis (1983, 1985) used piezoceramics, bonded
on the surface of cantilever beams, as actuators either to excite
vibrations or to suppress the vibrations by introducing damping
to the system. Furthermore, they developed a theoretical back-
ground for predicting the amplitude of the vibration induced
by piezoceramics. Stjernstrom (1987) bonded piezoceramics
on cantilever beams as actuators and sensors to induce the 1st
and 2nd vibration modes.
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Matsubara et al. (1989) employed piezoelectric dampers to
suppress chatter vibration during a boring process. These pi-
ezoelectric dampers were driven so as to generate damping
forces corresponding to the vibration velocity of the boring
bar. Tzou (1987) demonstrated the control of bending vibration
in nonrotating beams by using layered piezoelectric materials.

Palazzolo et al. (1989a, 1989b) and Lin (1990, 1991) derived
simulation models and demonstrated test results of active vi-
bration control of rotorbearing system utilizing piezoelectric
pushers as actuators. The correlations for unbalance response
and transient response between the predicted and test results
was very good. The piezoelectric actuators are represented by
equivalent, linear electric circuits with components selected so
as to match the frequency response function of the circuit to
that of the actuator. The differential equations for the circuits
were assembled into structural matrices to form an electro-
mechanical model of the system. This model was then em-
ployed to predict instability onset feedback gains, total system
stability, and total system forced response. The results showed
very good agreement between test and theory for unbalanced
response and for the instability onset gain with derivative feed-
back. The current paper extends this work by presenting a
methodology to automatically select and down-load feedback
gains (active stiffnesses and dampings) based on minimizing a
user defined norm of measured rotor vibration. The work of
Burrows et al. (1989) has a related treatment for AVC of
rotorbearing systems utilizing a multisensor norm to select the
control. Their method also identifies system parameters along
with providing AVC. Differences between the present work
and theirs include:

e their approach is directly applicable to force type actuators
(magnetic bearings) and not to displacement type actuators
(piezo-pushers);

e they employ a Euclidean norm, whereas, we have found the
“‘percent change’’ norm to be more useful since, for instance,
the Euclidean norm may not be sensitive to a decrease in
vibration at a bearing if the norm is also based on midspan
vibration;

e the results in this paper include control of 3 modes whereas
the referenced work shows only control of a single mode;

e sampling speed is varied in the current work whereas sensor
configuration is varied in the referenced work.

The choice of the type of actuator used in AVC is application
dependent. For instance, magnetic bearings have been installed
on large diameter turbine generator shafts. These shafts are
too large for the DN limitations of rolling element bearings
and therefore could not be controlled by piezoelectric actuators
which rely on rolling element bearings for force transmission
to the rotating shaft. Even in this application though, magnetic
bearings still require a catcher (backup) rolling element bearing
in case of power failure. Advantages of piezoelectric actuators
include:

(@) The preload reaction force at the actuator location is Fig. 1 AVC test rig
Nomenclature
C/8.0 = gain of DAC board for de- proportional feedback S4 = sensitivity of piezoelectric
. rivative feedback _ branch pusher
C = zero frequency slope of dif- K/8.0 = gain of DAC board for Sp = feedback sensor
ferentiator frequency re- proportional feedback V = vibration norm to be mini-
sponse amplitude Kaer = equivalent direct stiffness mized
Cycr = equivalent viscous damping coefficient due to propor- Vp = differentiator output volt-
coefficient due to derivative tional feedback age
feedback K, = stiffness of piezoelectric Viv = input voltage to pusher’s
C; = capacitance values pusher amplifier driver
F = Fourier component m = mass of bearing housing X = feedback vibration displace-
G/, = gain of variable amplifier in where actuator is located ment
derivative feedback branch N = number of samples o = internal displacement of
Gip = gain of variable amplifier in R; = resistance values pusher’s idealized model
112/ Vol. 115, JANUARY 1993 Transactions of the ASME
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Machinery casing

Squirrel cage mounted
bearing housing

Fig. 2 Ideal representation of a piezoelectric pusher

counteracted by the passive stiffness of the actuator and the
bearing housing support spring and therefore only requires
power for vibration control.

(b) The shaft will not experience hysteresis related tem-
perature rises due to cyclic stressing of the shaft surface ma-
terial as it rotates past multiple poles with most magnetic
bearings.

(¢) Piezo actuators do not have the potential for producing
shaft current damage or instrumentation electrical interference
due to accidental magnetization of rotating or stationary parts.

AVC System

A rotor-bearing system test rig with piezoelectric actuator
based AVC has been designed, installed, and tested at NASA
Lewis. The test rig consists of an overhung disk at each end
of the shaft, two squirrel cage supported bearings, and 4 pusher
modules. Each module is defined as a pair of soft-mounted
opposing pushers acting on the bearing housing. The rotor is
driven by an air turbine and is oil-mist lubricated. The disk
and bearing at the turbine end were designated as the inboard
disk and inboard bearing, respectively, while the other disk
and bearing were referred to as the outboard disk and outboard
bearing. Three views of rig are shown in Fig. 1.

The piezoelectric pusher consists of a stack of piezoelectric
ceramic discs which are arranged on top of one another and
connected in parallel electrically. The stack expands in response
to an applied voltage which causes the electric field to point
in the direction of polarization for each disc. The extension
of the pusher under zero load depends on the number and
thickness of the discs and the force for zero extension depends
on the cross sectional area of the discs. Figure 2 shows a sketch
of a pusher and the corresponding ideal model. The model
consists of a prescribed displacement (o) which is proportional
to the input voltage and a spring (K),) representing the stiffness
of the stack of piezoelectric discs. The displacement («) is the
“‘internal’’ displacement of the pusher which will equal the tip
displacement only when the tip is free and the mass of the push
rod is neglected. The stiffness, K4 and K, and dampings, Cy4
and Cy, represent the elastomer pad linearized force properties.
These pads are employed as mechanical filters to prevent elec-
tromechanical system instabilities. The X and Y sets of op-
posing pushers force the rotating shaft by moving the squirrel
cage mounted-rolling element bearing housing as shown in Fig.
2.

Figure 3 shows the first three predicted modes for this sys-
tem. The first mode has very little amplitude at the bearing
locations, while the second mode has a node at midspan and
the third mode has sizable amplitude at all locations. These
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(c) 3rd Mode at 12.000 ¢pm

Fig. 3 Simulated modes at 10,000 rpm

modes were produced with a finite element model of the rotor-
bearing system and are in excellent agreement with their meas-
ured counterparts.

The rotorbearing system and control system are shown in
Fig. 4. The upper diagram illustrates the rotor, actuators, and
sensors the lower diagram shows the feedback control system.
Signals from the sensors, located at 45 deg angles, are summed
to obtain 1.414 times the desired horizontal or vertical dis-
placements. Figure 4 shows the analog controller with a control
loop, separated into 2 feedback paths: active damping (ADFT),
and active stiffness (ASFT). The former attenuates unbalance
response at the resonant frequencies, while the latter is espe-
cially useful when the location of the actuators is near the node
of a vibration mode. In this case the active stiffness may be
used to shift the node and thereby make the active damping
more effective. The authors have found this to be an extremely
effective approach even when the node is very close to the
actuator. Of course, if the actuator is ‘‘exactly’’ on the node
it will not be effective in controlling the mode. The effectiveness
of sensors and actuators in controlling specific modes may be
quantitatively evaluated by considering controllability and ob-
servability. Siegwart et al. (1990) defined condition numbers
K, and K, for this purpose, and then applied them to a milling
spindle test case.
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Fig. 4 Control circuit schematic for a pusher moduie

Four controllers are required for the two directions at each
of the two bearing locations. The active damping path (ADFT)
consists of a differentiator, two internal amplifiers, and one
external (Preston) amplifier of gain G/,. The active stiffness
path (ASFT) consists of an internal amplifier, an inverter, and
an external amplifier of gain Ggp. Both paths are routed into
the A/D-PC-D/A system which multiplies the ADFT signal
by the attenuation factor C/8.0, multiplies the ASFT signal
by the attenuation factor K/8.0, and then sums the two at-
tenuated signals. The summed signal has its DC bias removed
and is then sent into an external 4th order noninverting low
pass filter AITHACO). This filter has a zero-frequency gain of
0.5 and a cutoff frequency that is adjusted to maximize the
amount of feedback gain without driving the system unstable.
The filter’s output signal is sent both to the *‘+’’ pusher’s
driver and in an inverted form to the ‘‘—*’ pusher’s driver.

The amount of active damping due to the ADFT feedback
can be estimated using the idealized pusher model. For sim-
plicity, the pusher is assumed to be fixed to a rigid casing,
reducing Fig. 2 to a 1 dof system. Note that this figure rep-
resents only one of the two opposing pushers acting on the
bearing housing. The output of the differentiator in Fig. 4 is

Vp= ~1.4148,CwX 5))

where Sp is the probe sensitivity, Cow is the frequency response
function of the differentiator over the low frequency range
and X is the displacement of the outboard bearing housing in
the X direction. Two constant gain amplifiers follow with
amplifications R;/R; and Rgs/Rs, respectively. The external
Preston amplifier provides a gain of G, so that its output
voltage becomes;
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Vp=~1.414G/,(R4/Rs) (R4/R3)SpCuX 2

This signal is attenuated by a factor of C/8.0 as it passes
through the DAC board (A/D-PC-D/A)in Fig. 4. Furthermore
the lowpass (ITHACO) filter has a zero frequency attenuation
of 0.5 so that the signal entering the pusher driver is

Vin= —0.0884CG., (Rs/Rs) (Ry/R3)SpCuX  (3)

The internal displacement (o) of the pusher is approximated
by the expression;

o= V[N/SA (4)
where S, is experimentally determined from the equation
SA = V]N/Olp (5)

and aris the ‘‘free-tip’’ displacement of the pusher due to the
input voltage V. The internal displacement « of the pusher
is thus,

ch(Ré/RS) (R4/R3)SDCO)X

()

—0.0884C s,
or since X = wX
a=-GX @)
where
- — G4 (Re/Rs) (R4/R3)SpC
G, =0.0884C StRe 5;( +/R3)3p ®)
A

The unknown € can be determined by noting that it rep-
resents the slope of the magnitude of the frequency response
function of the differentiator at w =0 (Lin, 1990). The transfer
function of a differentiator is

R,C/A
[R\R,C\CN + (R,Cy + RyCy)N+ 1]

TFpirr=— ®

Substituting A =jw, taking the derivative and setting w=0,
we have

C=CiR, (10)

Following the active stiffness path in Fig. 4, the output of
the Preston amplifier is

V,=—Ggpx10.0x(5/100) X 1.414SpX an

where Gp is the Preston amplifier gain and the factor of 10.0
accounts for the high pass filter gain. This filter is represented
in the circuit diagram of Fig. 4 by the op-amp circuit containing
R; and C;. This signal is attenuated by a factor of K/8.0 as
it passes through the DAC board (A/D-PC-D/A) in Fig. 4.
Furthermore the low pass filter has an attenuation of 0.5 so
that the signal entering the pusher driver is * ;

Vin=—0.0442KGipSpX (12)
Finally the internal displacement of the pusher becomes;

a=—0.0442KGp Sp X (13)
Sa
or
a=—GxX 14
where
. —_ 8
Gy =0.0442KG,p 5 (15)
A

The governing differential equation for the bearing housing
mass being forced by two opposing pushers is

mx=—Ky(x—a)—K,(x-a) (16)
Substitute the feedback law;
a=—~G.x— Gyx 7)

to obtain
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Fig. 6 Schematic of hybrid control hardware configuration

mi+ Cyorx + K, + Kcr)x=0 (18)
where the active damping is
Cacr= 2Kpéc (19)
and the active stiffness is
Kacr=2K,Gg (20)

Values for the active stiffness and damping may be ap-
proximated from formulae; 8, 15, 19, and 20, for various
feedback gains. Identical formulae hold for the Y direction.
The interface between the analog controller and the digital
computer is the custom-designed hybrid board shown in Fig.
5. The board has 8 analog inputs and provides a summed analog
output. Each analog input has a D/A chip so that when a
digital value is downloaded to this chip by the computer, it
will attenuate the analog input accordingly. The output is thus
the sum of individually attenuated inputs. The hybrid board
has 8 such chips, forming a DAC array. Attenuation (A4) values
range between —1 to + 1. The total attenuation through the
DAC board is A/8.0.

Two hybrid boards were used in the AVC system: one for
the Qutboard-X and another for the Qutboard-Y controllers.
Each board had two inputs for the analog controller stiffness
and damping signals. The gains (attenuations) are downloaded
to the DAC array from a 12-bit D/A board in the computer.

Six eddy current type-shaft displacement sensors, three in
the X-direction (outboard disk, outboard bearing and mid-
span), and three in the Y-direction (outboard disk, outboard
bearing, and mid-span) are sampled with a 16-bit 250 KHz A/
D board. The probes in one direction are sampled simulta-
neously, followed by the probes in the other direction. All of
these six sensor signals are used in evaluating the vibration
norm discussed in the next section. The ‘‘once per rev’’ signal
triggers a group of 16 samples to be taken from each probe
during every shaft revolution. These samples are equally spaced
at (360/16) degrees apart. Sampling is paced with a 16-tooth
gear wheel mounted at the inboard end of the rotor for the
tachometer. Another channel is dedicated to measuring a DC
voltage feedback from the turbine speed controller, to monitor
the rig speed. Similarly, a dedicated channel exists on the D/
A board for controlling turbine speed. Figure 6 shows a sche-
matic of the hardware configuration.
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Fig. 7 Flow chart of hybrid optimal control and gain scheduling al-
gorithm

Hybrid Control Algorithm

Figure 7 shows how the control algorithm proceeds in 2
phases: a grid search to identify optimal feedback gains, and
then a sequential download of these gains at appropriate speeds
during actual operation of the rig.

Optimal feedback gains are selected based on minimizing
certain norms of measured vibration. The eddy current shaft
displacement signals are corrected for DC bias and slow roll
before determining the norms. First it is necessary to eliminate
the DC component in the 16 samples taken during each rev-
olution. This is done by evaluating the Fourier term corre-
sponding to the DC (zero) frequency. The discrete Fourier
representation of a discrete periodic signal is given by,

N-1
F(n)= Y fUe) (&) ~k @n
K=0
where, f(k) are the discrete-time samples and F(n) are the
Fourier components. The DC (constant) component is;
1 N-1
F(0)=— k
©) Nk§= O'f/ (k) (22)
The new sequence {f(k)—F(0)} will therefore have the DC
bias component removed.
Secondly, in order to have a correct measure of the vibration
at operating speed, slow-roll data has to be stored and sub-
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tracted from each sample. The slow-roll data, being void of
dynamic response, is due solely to shaft surface irregularities,
material inhomogeneity, and some slight permanent bow of
the shaft. The dynamic response due to the bow is neglected
as is typically assumed in balancing and other AVC ap-
proaches. The computer automatically collects slow-roll sam-
ples at low speed, recording their positions relative to the “‘once
per rev’’ pulse, so that these false vibration samples may be
subtracted from samples collected at any other speed. This
yields the ‘‘corrected’’ vibration sample:

v(k)y=v’' (k) —-d(k) 23)

where, v’ (k) is the uncorrected vibration sample, and d(k)
is the slow-roll sample.

A grid search of discrete stiffness and damping attenuations
is conducted to locate the minimum vibration norm. The search
proceeds along the range of damping values while keeping the
stiffness constant, the latter is then incremented, and the damp-
ing is varied again.

A norm is measured at each point in the grid, to provide a
measure of the overall vibration of the rotor. The norm utilized
here is defined as:

V= Z[%?x 100} 24)

i

Vi=max!|Vigl, V7 =max| Vil (25)
K K

where, 7 is the probe index, K is the time sample index, Vix is
the displacement at probe / for sample K (corrected for slow
roll and DC bias) in the controlled state, and Vi is the dis-
placement at probe 7 for sample K (corrected for slow roll and
DC bias) in the, no-control state. Therefore, the norm V is
the sum of the percentage changes in vibration over all six
measured probes. The objective is to minimize V, hence if the
present V is less than the previous V, the current gains are
stored. Once this is repeated over the whole grid the optimal
gains will be identified for this operating speed. The turbine
is stepped up to the next speed, and the grid search is repeated
storing optimal gains at each speed. Once the optimal gains
have been identified at each ‘‘search’ speed, the rig can be
run up again and a linear fit applied to the gains between the
successive speeds at which the gains were obtained. It is nec-
essary, therefore, that the computer control the rig speed ac-
curately so as not to have a mismatch between search and
downloading speeds. A DC voltage from the turbine controller
is used as a feedback signal to control speed. Unless mentioned
otherwise the scheduling run up rate was set at 25 rpm per
second.

Test Results

Many tests were conducted with the system described in the
previous sections. The test case results shown here illustrate
the typical trends noted in the other runs. Only the outboard
pushers (Xo , Xy, Yy, Yy in Fig. 4) were active for the results
described below. The inboard pushers (X}, X; , Y7, Y7 ) were
preloaded against the inboard bearing housing but were not
electrically powered. The low pass filters in Fig. 4 had cutoff
frequencies of 3,150 and 6,300 hz for the X and Y directions,
respectively. In the test results the shaft displacement signals
ODX and ODY refer to transducers 1.X and 1Y, respectively,
in Fig. 4. Similarly MIDX and MIDY refer to transducers 6Y
and 4Y, respectively. The vibrations OBX and OBY are formed
by summing probes 2X and 3Y, and 2X and 2Y, respectively.
Note that probes 2X, 2Y, 3X, 3Y, 1BY, and 5Y are all oriented
45 deg from either the X or Y axes. The shaft length and
diameter are 0.612 meters and 0.0254 meters, respectively. The
bearing support (squirrel cage) stiffnesses were both 1.75 x 10°
N/M. The disc and bearing weights were 14.0 N and 16.0 N,
respectively.

116 / Vol. 115, JANUARY 1993

Table 1 Control parameter sets for cases 1-5

Case I-(\,_\1 AK AC AN {rpm) Plot Designation
1 -0.5 0.5 0.5 3000 - -
2 -0.4 0.5 0.5 1000 —

3 -0.4 0.2 0.2 3000 - - - -
4 -0.4 0.2 0.2 1000* - - - =
5 -0.4 0.2 0.2 1000** See Fig. 14

* In addition to these increments case 4 also had searches conducted at 9200, 9400, 9600
and 9800 rpm.

ek In addition to these increments case 5 also had searches conducted at 9200, 9400 9600,
9800, 10200, 10400, 10600 and 10800 rpm.

The circuit parameter values in Fig. 4 were;

RI =1.0 kQ
R,=1.45 kQ
R3=27.0 kQ
R,=2.2 MQ
Rs=4.8 kQ
Ry=138.7 k

C1 =9.0 nF
C,=0.1nF
Sp=12,000.v/m
S4=51,000.v/m
K,=4.0x10° N/m (22,800.1b./in)

Substitution of these values into Eqgs. (8), (15), (19), and
(20) provides the following estimates for the active damping

“and stiffness for test cases 1-5;

G.=1.78x 107*CG/, (s5) 26)
Cycr=2K,G.=8.12CG/,(Ib.s./in) _
=1,422.0CG/,(N.s./m)  (27)
Gr=1.04% 10" 2KG}p(dim) (28)
Kacr=2K,Gg=474.0KGp(lb./in) _
=83,200.0KG4p(N/m)  (29)
The external (Preston) amplifier settings were;

X direction
Gip=500.0 (30)
Gl,=2.07 (31

Y direction
Gip=100.0 (32)
Gl=3.51 (33)

The final expressions for the active damping and stiffness
become;

Cycrx=16.81C(Ib.s./in) =2,944.0C(N.s./m.)  (34)
Kacrx=237,000.0K,(1b./in) =4.16 Xx 107K (N./m.)  (35)
Cacr,y=28.5Cy(lb.s./in) =4,991.0Cy(N.5./m.)  (36)
Kacr,y=47,400.0K,(Ib./in.) =8.32 X 10°K¥(N./m.)  (37)
where the values of the stiffness and damping attenuations
had the following ranges;
0=C,=1.0,0=Cy=<1.0 (38)
0.4=<K,=<1.0, —0.4=<Ky<1.0 (39
Table 1 summarizes the search parameter sets for the cases
considered in this study. Note that K, is the minimum negative
stiffness feedback attenuation in the grid. The parameters AK
and AC are step sizes of stiffness and damping attenuations,
respectively, while AN is the step size of the speed axis which
implies the searches were conducted at speeds spaced AN apart,
beginning at 8,000 rpm and ending at 14,000 rpm. This table

also list the plot designation for each case considered in Figs.
8-10.
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Figures 8 through 10 show the synchronous responses for
different probe locations and different parameter sets. Note
that the different cases are distinguished by the line types as
defined in Table 1. Cases 1 and 2 have coarse gain grids and
Case 1 also has a coarse speed grid. Case 3 has a finer gain
grid while maintaining a coarse speed grid. Finally Case 4 has
fine gain and speed grids. Cases 1 through 3 show poor control
over the first critical. All cases show satisfactory vibration
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Optimal Norm

Casa 1

-50 Cose 2

—m\ X Cae 3
5 N\ ——

A
- NY”)(V/

~300
e T T T T T
8000 2000 10000 11000 12000 13000 14000
Speed (rpm)

Fig. 12 Optimal norm vs. speed

attenuation over the third critical with cases 2 and 4 being the
best. Case 4 shows excellent vibration reduction over the entire
speed range. The acceleration rate for the data shown in Figs.
8-10 was 25.rpm/sec.

Figure 11 shows the optimal gains for Case 4 that were
downloaded in the X- and Y-directions of the outboard con-
trollers. These results indicate that near a critical, damping
tends to become maximum while the stiffness tends to go
negative. Figure 12 shows the optimal norms for Cases 1 to
4, with minimum values occurring near the criticals. Figure 13
shows the norm surfaces, as a function of the AK— AC grid,
are quite different at the two speeds. The difference between
the X and Y surfaces [(a) and (b) at 9600 rpm or (¢) and (d)
at 11,000 rpm] are most likely due to asymmetry in the support
or pusher stiffnesses, and in the feedback circuits. The opti-
mum C— K values are seen to generally occur on the boundary;
however, they may also occur in the interior as shown in ().

A fifth case was run in order to investigate the effects of
rotor acceleration during the downloading step. The nondi-
mensional stiffness (K) and damping (C) increments were 0.2
as in case 4 of Table 1. The “‘search’’ speeds for case 5 were
identical to those of case 4 with the addition of 10,200, 10,400,
10,600, and 10,800 rpm. The vibration vs, speed plots in Fig.
14 confirm that the feedback gains determined under steady
state conditions are still very effective in controlling vibrations
at shaft acceleration rates of 25.0, 100.0, and 200.0 rpm/sec.

Conclusions and Recommendations

A key step in any vibration control procedure is to select
appropriate feedback gains which minimize some norm of
vibration while maintaining a sufficient margin from any in-
stability onset gains. Selection of the feedback gains can be a
time consuming process due to the many possible combinations
of active stiffnesses, active dampings, and rotor speeds. This
paper has presented an automated search procedure to deter-
mine optimal feedback gains utilizing A/D, D/A, and digitally
controlled attenuation boards. The results showed very sig-
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nificant reductions in vibration levels along the entire test rotor.
The optimal feedback gains were shown to be highly dependent
on rotor speed which reinforced the need for an effective,
automated search procedure, Reducing the rotor speed-search
increment in the vicinity of the lightly damped first critical
speed was seen to be necessary in suppressing this resonance.

The norm defined in Eq. (24) is a function of the number
of probes at which vibration is desired to be reduced. The
number of probes is totally arbitrary, other than requiring one
sensor being located at each actuator, and is selected by the
user, Vibration reduction should only be expected at the probe
locations used in the norm definition. Six probes are used in
the norm definition and two probes in the feedback circuit for

the test described herein.

The grid search method discussed in the paper, although not
as elegant as some optimization algorithms, does provide a
good estimate of the location of the absolute minimum of the
norm. This estimate will, of course, improve as the grid point
intervals decrease to zero, providing a more thorough search
of the active stiffness-active damping plane. Some of our cur-
rent research in this area is focused on developing more ef-
ficient direct optimization algorithms for constrained
minimization of the vibration norm.

Although this paper only presented results for steady state,
speed dependent control the authors’ previous work (Palazzolo
et al., 1991) clearly demonstrates its effectiveness for time
transient control. The time transient tests employed the same
feedback gains as utilized in the steady state response tests. It

68
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Fig. 14 Synchronous vibration amplitude in (microns, p-p) at various
probes and acceleration rates A (rpm/sec), for gain scheduling case 5
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should not be concluded that steady state gains will be effective
for all transient cases; however, this was the result for the
sudden imbalance tests conducted by the authors at NASA.
The piezoelectric actuator based AVC system discussed here
for the laboratory rotor has now been successfully applied to
the transmission shaft line of a gas turbine engine test stand
at NASA Lewis. Results from those tests will be forthcoming
in a future publication. The test stand application required a
more powerful pusher with force and stiffness ratings of 3000.N
and 33x 10® N/M, respectively. The ratings of the pushers
described in the present paper were 400.N (Force) and 4. x 10°
N/M (Stiffness). Increased force and stiffness in the pusher
require larger pusher diameters and more powerful amplifiers.
Although this paper only presents results for a hybrid controller
wherein the P and D gains of the analog feedback are set
digitally we have implemented the same feedback entirely with
digital components. The DSP based digital system is more
flexible in implementing various control algorithms; however,
a tradeoff occurs because of the additional phase lag that
results from the finite sampling time. The results from the
digital control system studies will be presented in a forthcoming
publication.

Other AVC algorithms have been developed for application
to magnetically suspended rotors. Notable among these are
the H” control presented in Fujita (1990) and Herzog (1990),
and the feedforward control in Ming Chen (1991). The former
method holds out the promise of control over a wide frequency
range insuring robustness of the controller even for transient
disturbances. A drawback of this approach is the iterative
solution procedure required to obtain the desired controller.
The latter approach cleverly balances the rotor via the influence
coefficient method utilizing the magnetic bearing as an actua-
tor, thereby avoiding the addition or removal of weights to
the rotor. This approach appears to be very effective if the
predicted correction forces fall within the force range of the
actuators. The most attractive feature of feedforward control
is the avoidance of stability problems which accompany feed-
back control. However, the feedforward control will be in-
effective in suppressing vibrations of a mode with nodes ‘‘near’’
the actuators, as those with field balancing experience will
quickly realize. Feedback control can relocate these nodes to
make the actuator more effective in suppressing the mode.
Furthermore, feedback control will suppress not only syn-
chronous vibration but also nonsynchronous vibration. The
authors do not envision any special difficulty in applying H*
or feedforward control to actively controlled rotor bearing
system, with piezoelectric actuators.

The authors have applied piezo-pusher AVC to a laboratory
test rotor and to an engine test stand and have found it to be
very effective in both cases. We feel that this technology is
generally applicable within the constraints of allowable actua-
tor envelopes and electrical power requirements, constraints
which are also imposed on magnetic bearings.
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